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Abstract

The performance of impingement air cooled plate fin heat sinks differs significantly from
that of parallel flow plate fin heat sinks. The present work addresses impingement air
cooled plate fin heat sinks for electronic components. Simple impingement flow pressure
drop and thermal resistance models based on developing laminar flow in rectangular
channels are proposed. Both models are constituted from simple momentum and energy
balances and utilize fundamental solutions from heat transfer and fluid dynamics to
predict their constitutive components. To test the validity of the models’ predictions,
experimental measurements of pressure drop and thermal resistance are performed with
heat sinks of various impingement inlet widths, fin spacings, fin heights and flow
velocities. The models are expected to achieve accuracies within 20% for pressure drop
and within 20% for thermal resistance at channel Reynolds numbers less than 1200. The

simple models are suitable for impingement air cooled heat sink parametric design

studies.
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The primary motivation stems from the needs of the computer industry to cool compact,
high power electrical components. An incessant drive towards increased processor
performance has produced burgeoning power densities. For example, the Pentium IV 2.0
GHz (478 pins, 0.17 pm technology) dissipates 75.3 W (Intel, 2001). Furthermore, the
power dissipation of these CPUs is expected to increase, approaching 100 W in the near
future. A great deal of industry effort has gone into preparing advanced technologies
providing the requisite high heat transfer rates. While much attention has been devoted to
exotic techniques such as liquid immersion and multi-phase cooling owing to high
effective heat traﬂsfer coefficients, air cooled heat sinks operating under modest pressure
drops can readily achieve impressive heat transfer rates from the surface of a processor

module substrate.

Despite relatively poor thermal conductivity and heat capacity when compared to liquids,
air has economic advantages as a coolant for computer systems. From a practical
standpoint, a limitless supply of ambient air is available from the surroundings; there are
no coolant material costs; the cost of transporting air is low; and the use of air in an open
loop system is environmentally safe. Furthermore, for most systems, air is the ultimate
thermodynamic reservoir to which heat will be rejected, accordingly, heat dissipation into
air is a feature of most electronic cooling systems, and its direct use in heat removal from

the chip or package can greatly simplify the thermal management system.



Parallel plate heat sinks are commonly used today and also rank among the most
promising types of heat sinks for future high performance air cooling. Aluminum heat
sinks with small axial fans mounted on them are usually used to dissipate the processor
module generated heat. Rapid development in packaging technology allows portable
electronics to gain faster processing speed and enhanced capabilities, however, thermal
management in the portable electronics environment is becoming increasingly difficult
due to high heat load and dimensional constraints. Further, the major thermal resistance
in the thermal circuit for cooling processor modules is the heat sink resistance. It is
important to understand the thermal and hydraulic behaviour of heat sinks. The present
work concentrates on the impingement flow plate fin heat sink geometry, shown

schematically in Figure 1.2.

Air inflow
(impingement flow)

Air inflow
(parallel flow)

\'

Figure 1.2 Schematic of a plate fin heat sink.



Nottage (1945) suggested that the heat sink fin and channel may be thought of as a type
of heat exchanger in which the hot fluid stream is replaced with the solid fin. One of the
goals in the field of heat exchangers is to determine the overall effectiveness of heat
transfer, by comparing the actual rate of heat transfer to the maximum
thermodynamically possible rate of heat transfer. The flowstream direction relative to
heat flow direction plays a significant role in determining the heat transfer effectiveness

of a fin-fluid arrangement. Three basic one dimensional heat exchanger flow

arrangements of counter-flow, cross-flow and parallel-flow are shown in Figure 1.3.
flow

l flow
ELLLL

Theat Theat ﬂowT T heat

Figure 1.3 One dimensional flow arrangements for a rectangular fin.

In the field of compact heat exchanger design, Kays and London (1984) have developed a
comprehensive design procedure. They parameterized heat transfer performance using
effectiveness, defined as £&=qacrua/qmax, and a dimensionless number of heat transfer units,
NTU, based on the heat exchanger area, overall conductance, and heat transfer rate
capacity. Figure 1.4 shows the effect of flow arrangement on effectiveness as a function

of the number of transfer units. The plots are for the case in which the hot and cold fluids



have equal heat transfer capacity rates (Cpin/Cmax=1). This case illustrates the maximum
difference in performance due to relative fluid flow direction when all other parameters

are equal.

1.0 T T T I T
3 wume{ flow
0.8 - ctossw ot
[N [~ : R
206} -
s i parallel flow
=
3 041 -
I | .
02 =
0.0 1 { { { {
0 1 2 3 4 5 6
. NTU

Figure 1.4 Effect of fluid flow direction on heat exchanger effectiveness (Kays and

London, 1984).

The counterflow arrangement has greatest potential to achieve high effectiveness,
followed by cross-flow. Both of these exhibit &»1 as NTU—ow. The parallel-flow
arrangement has the lowest effectiveness. From an implementation standpoint in
electronics cooling, this would require an airflow direction normal to the heat sink base,
however, heat sinks with air flow directed normal to the base have received little
attention. Since the impingement air flow pattern in a heat sink is intermediate between

counterflow and crossflow, its thermal performance is expected to exceed that of a purely



crossflow heat sink. This implicit advantage in thermal performance provided the impetus

for developing an impingement air cooled heat sink for the present multichip module

cooling application.

1.2 Heat Dissipation Problem

The primary function of a heat sink is to reject heat through a finite temperature
difference. The performance of a heat sink is frequently specified by the thermal
resistance: defined as the temperature difference between the heat sink base and the
ambient air, resulting from a given heat dissipation and measured in units K/W. The
objective of heat sink thermal design is to minimize the thermal resistance. The major
thermal resistance in the thermal circuit for cooling electronic devices is the heat sink

resistance, therefore, the thermal-hydraulic behavior of heat sinks must be understood.

A heat sink design must take into account the environmental temperature extremes, and
the allowable chip or transistor junction temperatures for the semiconductor technology.
The ambient air reservoir temperature of office and computer room environments is
typically 21 to 24 °C, with worst case extremes of 32 to 40 °C. Typical junction
temperature limits are 85 to 100 °C, therefore, the allowable chip temperature excursion

above ambient is limited to 60 °C



A heat sink is characterized by the pressure drop and heat transfer for a given flow rate.

Modelling a heat sink involves identifying appropriate equations to predict the air heat

transfer coefficient and friction factor. The airflow configuration can be either parallel to

the base or impingement, see Figure 1.2. Heat sink models typically assume a uniform

airflow at the heat sink inlet. The flow in typical plate fin heat sinks used in cooling

processor modules is laminar, because of the small fin spacing and low air flow rates

produced by the attached axial fans. It should be noted that for the type of heat sink under

investigation here, there is no concern with flow bypass since all heat sinks are assumed

to be ducted or shrouded.

U

Heat Sink
71 M _

M

?
| N Heat sink base Ay
Rias Electronic Module ™A,
[
O- AN —————
Rﬁns Rbase Rsp
Tamb ONAAN— Ts
Rmd
O " NN

Figure 1.5 Thermal resistance circuit.



Heat generated from a processor module can be approximated as constant heat flux over
area 4;. The thermal resistance network for heat flow from the processor module surface
temperature (Ts) to ambient temperature (Tams) is depicted in Figure 1.5. The processor
module surface area (4;) is usually too small to dissipate the required heat, so a heat sink
is typically required. A heat sink is attached to the processor module surface (the heat
source). Since heat sink base area (4,) is usually larger than 4, heat spreads from 4, to 4,
in the heat sink base. Spreading thermal resistance (R,,) occurs when heat leaves a heat
source of finite dimensions (4;) and enters into a larger region (4;). Heat flux is assumed
uniform over the base of fins. Heat is conducted from the base to the tip of the fins and it
is convected from the fin surface (Rys), and heat is convected from the prime surface (the
exposed portion of the base) (Rpqre). The fin conduction resistance must account for the
fin efficiency. The thermal resistance from the fins and prime surface to the ambient air is
the total convection resistance of heat sink. The heat sink total convection resistance is
usually the dominant thermal resistance in the thermal circuit for the cooling processor

module, therefore, the present work concentrats on understanding this component.

1.3 Space and Noise Constraints

The heat removal from a processor module can not be treated as an isolated design
problem. The thermal solution is constrained to space and noise limits. The movement of
air through restricted duct spaces gives rise to significant dynamic and frictional losses in

pressure, therefore, it is desirable to keep the heat sink flow rate down to the minimum



necessary for thermal performance in order to reduce pressure losses. Heat sink design

with high pressure requirements will increase costs.

The acoustical noise level is of crucial importance in the design of computer. In many
microcomputer systems the fans and blowers used to move air are the dominant noise

sources. Heat sink design affects the acoustic output of the turbomachines used to cool it.

A high performance heat sink influences the package acoustic level most directly by its
requirements for volumetric flow and static pressure differential. The hydraulic load of
the heat sink is normally met by some type of turbomachine device located within the
system. This device may be an axial fan or centrifugal blower, and it may act singly or in
multiples using parallel and series arrangements. The actual noise is generated by
mechanisms which take place within the turbomachine, but the noise level at the air
moving device is commensurate with the hydraulic loading requirements of the heat sink.
Other acoustic factors might add to the overall system noise level, however, under the

majority of circumstances, only the hydraulic loading added by the heat sink is important.

Space limits may vary based on computer chassis size. The channel width of the inter-fin
gaps is limited by fabrication constraints, for example, an aluminum extrusion process
may be limited to a maximum height/channel width ratio. The fin height may be limited

by packaging layout space requirements or fabrication constraints.



1.4 Objectives

The generic problem in thermal management of computers is to find increasingly better
cooling solutions. The present work is focused on the impingement flow plate fin
geometry. The research objectives are to develop robust models for predicting thermal
resistance and pressure drop of plate fin heat sinks for impingement air cooling. To test
the validity of the model, experimental measurements of pressure drop and thermal

resistance are performed with heat sinks of various dimensions and flow velocities.

1.5 Outline of the Thesis

This chapter presents an introduction to the problem investigated. Chapter 2 presents a
comprehensive literature review on impingement flow in plate fin heat sinks. A brief
review of parallel flow plate fin heat sinks, spreading resistance and optimization of heat
sinks is also given. Chapter 3 presents an analytic pressure drop model and an analytic
heat transfer model. Chapter 4 describes the experimental apparatus and procedures for
obtaining experimental data on heat sinks. The uncertainty analysis is also discussed.
Chapter 5 presents the results of the experiments and provides comparisons with
analytical model predictions. Chapter 6 summarizes the important findings of the present

work. Detailed experimental data are given in Appendix A.
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Chapter 2

Literature Review

This chapter presents a brief review of parallel flow plate fin heat sink studies, spreading
resistance, optimization of heat sinks, and a literature review on impingement flow plate

fin heat sink studies.

2.1 Parallel Plate Heat Sink

A parallel plate heat sink consists of closely spaced, parallel, thin rectangular plates, as
shown in Figure 2.1. Air cooled parallel plate heat sinks have been widely applied and
are the subject of much study, because they combine some fundamental advantages: high
convective heat transfer coefficients, large fin area in a compact layout, low pressure
drop and ease of fabrication. In comparison with the other simple internal duct
geometries, parallel plates are thought to offer the best combination of high heat transfer

and low pressure drop for high performance heat sinks.

The channel surface-to-fluid convection rate is a limiting factor in the heat transfer
performance of a heat sink. For fully developed (thermal and hydraulic boundary layers)
laminar flows, the Nusselt number and friction factor have been established for a variety

of internal duct shapes. The Nu and fRe values for these configurations are based on the
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hydraulic diameter of the flow passage, D;=4A4/P, in which A4 is the cross-sectional flow
area and P is the wetted perimeter. The heat transfer coefficient for a given geometry

scales inversely with hydraulic diameter:

peNuk Q2.1
Dh

where the Nusselt number is based on the hydraulic diameter Dy. The pressure drop for a
given duct geometry varies proportionally with mean velocity ¥ and duct length L in the

direction of the flow, and inversely with the square of the hydraulic diameter Dy

Ap=4filpyz=w

2.2
3 > @2

For a given duct shape and fully developed laminar flow, fRe is a constant, where Re is

based on hydraulic diameter.

For the shapes considered, the highest thermal transfer that can be obtained for a given
pressure drop is that of infinite parallel plates (Incropera, 1996). In practice, due to the
presence of a base and fin tip shroud ducting, implementations of paralle! plate heat sinks
more closely resemble high aspect rectangular channels, which rank a close second in

heat transfer and pressure performance.
A variety of flow arrangements are possible with a generic parallel plate heat sink

attached to a processor module. Two flow arrangements: parallel flow and impingement

flow will be discussed.
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2.2 Parallel Flow

1

= — Air outflow
t |- >
b v
Alir inflow H
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Figure 2.1 Geometry of a plate fin heat sink in parallel flow.

A plate fin heat sink in parallel flow is shown schematically in Figure 2.1. Heat sinks in
which the flow enters one end, flows transversely through the channels, and exits through
the opposite end, are termed “SISE”, for side inlet side exit. This flow arrangement is
probably the most common for plate fin heat sinks. Parallel flow modeling in a plate fin
heat sink is essentially a simultaneously developing hydraulic and thermal boundary layer
problem in a rectangular duct. The flow may become fully developed if the heat sink is
sufficiently long in the flow direction or with small fin spacing, however, this is very
unlikely for electronic cooling heat sinks. The friction factor and Nusselt number in
rectangular channels depends on the aspect ratio (b/H) of the channel, Reynolds number

(Re) and hydrodynamic and thermal entrance lengths.
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Beavers et al. (1970) performed a comprehensive experimental investigation of laminar
flow development in rectangular ducts, encompassing the range of cross section aspect
ratios from 1:1 to 51;1 (i.e. near approximation to a parallel plate channel). The Reynolds

numbers of the experiments ranged from 400 to 3000.

Shah and London (1978) present numerical solutions from various researchers for
rectangular ducts and show that the effect of aspect ratio is more prominent on Nusselt

number than on friction factor.

The microchannel heat sink, as first proposed by Tuckerman and Pease (1981), was seen
as a means of cooling integrated circuits using water as the coolant. The convective heat
transfer coefficient # between the substrate and the coolant was found to be the primary
impediment to achieving low thermal resistance. For laminar flow in confined channels, 4
scales inversely with channel width, making microscopic channels desirable. The use of
high-aspect ratio channels to increase surface area will further reduce thermal resistance.
Based on these considerations, a new, very compact, water-cooled integral heat sink for
silicon integrated circuits has been designed and tested. Accepting a coolant temperature

rise of 71 °C, a heat flux of 790 W/cm? could be dissipated.

Ashiwake et al. (1983) used channel-averaged heat transfer coefficients in conjunction

with fin efficiencies to model transverse air cooled heat sinks.
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Narrow channel forced air heat sinks have also been designed, built, and tested
(Goldberg, 1984). Each heat sink had a different fin thickness but the b/t ratio was kept at
unity. The air flow for each heat sink was adjusted to provide a rate of 30 liters/minute.

As expected, the design with largest pressure drop and smallest channel width yielded the

smallest thermal resistance.

Googman (1993) reviewed some works published on microchannel heat exchangers using
both air and liquid in laminar and turbulent flows. The majority of these studies are

limited to the assumption of one dimensional transverse flow direction.

Biber and Belady (1997) compared previously published fully developed, developing
flow friction factor correlations, and Computational Fluid Dynamics (CFD) results with
experiments on five heat sinks. The test heat sink was placed in a duct with small gaps on
three sides which are equivalent to the fin spacing. They found that the fully developed
prediction methods give results within 7% of the experimental data. The developing flow
correlation, however, is nearly 50% over the test data, therefore, they suggested
correlations specially for heat sinks should be developed. The test data is doubtful,

however, since flow in heat sinks is not fully developed.

Linton and Agonafer (1995) conducted CFD studies of a plate fin heat sink using a coarse

and a fine grid. The fine grid showed better match to test data than the coarse grid.
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Sasao et al. (1997) numerically investigated flow and heat transfer for plate fin heat sinks
in parallel flow configurations. In this model, all the fins of an individual heat sink were
replaced with a single uniform element having the appropriate flow resistance and
thermal conductivity. The convective heat transfer coefficient between the air and the
elements was calculated as for the heat transfer in a rectangular duct. Calculations and
experiments were carried out with different heat sinks. The estimated error was found to
be within 15 % for the total pressure drop, and within +20% for the heat sink

temperature, as compared to the experimental results.

Loh et al. (2002) conducted thermal tests on eight heat sinks and obtained an
optimization point. In addition, the experimental results were compared with a theoretical
pressure drop model developed i)y Copeland (2000) and a thermal model by Teerstra et
al. (1999). The chosen thermal model predicted the heat sink thermal resistance to an

average error of 6-10 %.

Culham and Muzychka (2001) proposed a heat sink model in parallel flow using the
apparent friction factor model developed by Muzychka and Yovanovich (1998) and the
heat transfer model developed by Teertstra et al. (1999). The friction model is asymptotic
between developing and fully developed flow. The friction factor correlation is for

developing laminar flow.

SurnRe = (3 44} (fReD,,)2 2.3)
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where
. L

I =
DyRep,

(2.4)

and fRey, is for fully developed flow friction factor Reynolds number group and depends

on b/H only for laminar flow. A polynomial form is suggested for fRep, by Shah and

London (1978),

b bY Y pY! bY
=24-35527 — |+46721 — | 40829 — | +22954 —| —6.089 — 2.5
T, {H) (HJ {H) {H) {HJ @2
Muzychka and Yovanovich (1998) validated the model with most of the developing flow

data and found the estimation error was within £12 % for a wide range of duct shapes but

within +3 % for the rectangular channel.

The inlet and exit loss coefficient (XK. and K,) which are functions of the degree of
contraction and expansion of the flow (¢) were computed using the simple expressions

for a sudden contraction and a sudden expansion from White (1986).

K, =042(1-5?) (2.6)
K, =(-0f Q2.7
where
o1t 2.8)
z .

The heat transfer coefficient, A, is computed using the model proposed by Teertstra et al.

(1999), and the Nusselt number is a function of the heat sink geometry and fluid velocity.
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tanh\/zNu. -’fﬂﬂﬂ(inj

"k

Nu, = - bIA\L 2.9)

2Nu,._"—£fl-—(i+1)

kb t\L
where
Nu, = (Re”P ’) +| 0.664Re, Pr/% f1+ 222 2.10)
2 \ Re,

Nu, =h-b/k, @.11)
Re," = Re, -(b/L) 2.12)

The model is asymptotic between two limiting cases - fully developed and developing
flow in parallel plate channels. Teertstra et al. (1999) validated the model with

experiments and found 2.1% RMS error and 6% maximum error.

Copeland (2000) suggested using laminar flow pressure drop and heat transfer models for
parallel flow in isothermal rectangular channels (5/H) to model the heat sink in Figure
2.1. The friction factor data for developing laminar flow was taken from Shah and

London (1978) and fitted to an equation of the Churchill-Usagi form:

%
JapRe = [{(_L%)Bz?} + (fReD,, )2} (2.13)

The model is asymptotic between developing and fully developed flow and similar to the
Culham and Muzychka (2001) model described above, however, near the inlet of any

non-circular duct, the leading term should be 3.44(L*)('0'5), Muzychka (1999). The Nusselt
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number data was also taken from Shah and London (1978) and fitted to an equation of the

same form

103373 )i
Nu = [2.22[%—] } +(Nugy P 2.14)

v

in which fRe, and Nuy are solutions for fully developed flow and the following
relations were used
SRep, =19.64G +4.7 (2.15)
Nu, =831G-0.02 (2.16)

in which G is a function of the channel aspect ratio

b 2
1+ (-——)
__\H) 2.17)
(+3)
1+ —
H
Data for pressure loss was taken from Kays and London (1984). The inlet and exit loss
coefficients (K, and K,) are fitted to
K,=08-040" (2.18)
K,=(-0) -040 (2.19)
It is noted that the heat transfer model is for an isothermal boundary condition and must

be further modified by a fin efficiency correction. The friction factor and heat transfer

models were not validated experimentally by Copeland (2000).
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2.3 Impingement Flow

1

] | Air outflow

Figure 2.2 Geometry of a plate fin heat sink in impingement flow.

The geometry of a heat sink in impingement flow is shown schematically in Figure 2.2.
In this flow arrangement the air enters at the top and exits out the sides, i.e. TISE (top
inlet side exit). The physics of impingement flow in a plate fin heat sink is as follows:
flow enters through a finite area (sW) and impinges on the heat sink base, turns, and
flows along the rectangular channels formed by the base of the heat sink and the plate fin
sidewalls. One boundary layer develops along the heat sink walls (plate fin surfaces), and
another boundary layer develops along the base of the heat sink. These boundary layers

will interact close to where base and sidewalls meet. A simple two-dimensional
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stagnation flow can be analyzed easily; the results of an exact numerical solution can be
found in Schlichting (1979). The present case is three dimensional, however, due to the
presence of the sidewalls. Only the center plane of the channel, owing to the symmetry in

geometry and flow, is two-dimensional.

Although there has been a wide range of research reporting on impingement air cooling,

there have been few studies specifically on impingement cooling with heat sinks.
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Figure 2.3 Serpentine pattern impingement flow heat sink (Biskeborn et al., 1984).

Biskeborn et al. (1984) reported experimental results for a TISE design using unique
“serpentine” square pin fins, shown in Figure 2.3, designed to accommodate a thermal
expansion mismatch between the aluminum sink and the ceramic cap. This design was
implemented in the IBM 4381 processor, which cooled up to 22 modules in parallel on a
single board using individual inlet nozzles. With this device, and the planar impingement

jet, an external thermal resistance of less than 8 °C/W was achieved.
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Sparrow et al. (1985) performed heat transfer experiments on (an isothermal) TISE type
single channel passage, pictured in Figure 2.4, and showed that the average heat transfer
coefficient increased by about 40% in response to a halving of the interwall spacing for
the unshrouded passage. Shrouding of half the inlet produced 25-40% higher heat transfer
coefficients and a 150% higher pressure drop at higher Reynolds number, and side
shrouding of half the exit passage produced 10-15% higher heat transfer coefficients at
low Reynolds numbers and a 70% higher pressure drop than the unshrouded passage. The
objective of the shrounding was to encourage the flow to penetrate into the downstream

portion of the passage and, thereby, to promote the streamwise uniformity of the local

heat transfer coefficient.

NO SHROUD TOP SHROUDED SIDE SHROUDED

Figure 2.4 Impingement flow passage configuration (Sparrow et al., 1985).

Jet impingement cooling has also been studied in use with a 3.1 cm square 0.15 cm thick
silicon heat sink (Mahalingham and Andrew, 1987). They considered an air flow rate of 2

ft’/min and a maximum available junction to ambient temperature difference of 60 °C.
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The lowest thermal resistance was found to be 1 °C/W for the impingement type

assembly.

A novel laminar-flow heat sink with two sets of triangular or trapezoidal shaped fins on
the two inclined faces of a base has been reported by Hilbert et al. (1990), as shown in
Figure 2.5. Although air flow is directed from above towards the base of the heat sink,
the incoming air divides into two streams which flow between the two sets of fins in a
direction that is transverse to the direction of heat transport in the fins. The design is,
therefore, akin to two separated transverse flow heat sinks on each of the inclined faces of
the base, however, this design is more efficient because the downward flow at the inlet
increases the air speed near the base of the fins where the fin temperatures are highest.
Furthermore, by dividing the total surface area among two sets of fins, the length of the
fins in the flow direction is reduced so that frictional pressure drop is decreased while the
heat transfer coefficient is increased. The heat sink, which had a volume of less than 1
cm’, showed a thermal resistance of less than 1.7 °C/W at an air-flow rate of 2 ft*/min,
with a pressure drop of 750 Pa. On the other hand, another design offered a similar
thermal performance at a much reduced pressure drop of 50 Pa. Pressure requirements
were reduced by sacrificing compactness. This design demonstrated the capability to
remove in excess of 600 W from a multi-chip module with a quiet 10 W tube-axial fan.
The volume of the complete module including the plenum and the fan is only about 1 1.

The chips were held to a maximum temperature rise of 55 °C. This technology extends
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the applicability of air cooling to power levels traditionally considered to lie in the

domain of complex liquid cooled modules.

Figure 2.5 Fin designs employing impingement flow patterns (Hilbert et al., 1990).

Sathe et al. (1995) conducted a numerical and experimental study of a TISE parallel plate
heat sink that was notched in the center to reduce flow stagnation, as shown in Figure 2.6.
This high performance heat sink was designed to meet the stringent pressure drop and
thermal performance criteria using a novel fin design. The design was achieved using
numerical simulation of the conjugate fin-fluid problem under impingement condition.
Factors leading to the high performance design were careful selection of fin and channel
dimensions and a judicious removal of the central stagnation zone near the base of the
heat sink using unique fin shapes. In the study, a rectangular jet impinges on a set of
parallel fins and then turns into cross-flow. The effect of the fin thickness and gap, nozzle
width and fin shape on the heat transfer and pressure drop were investigated. It was found
that the pressure drop was reduced by cutting the fins in the central impingement zone

without sacrificing the heat transfer, due to a reduction in the extent of the stagnant zone.
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A combination of fin thickness of the order of 0.5 mm and channel gaps of 0.8 mm with

appropriate central cut-out yielded heat transfer coefficients over 1500 W/m’K at a

pressure drop of less than 100 Pa.

Figure 2.6 Center-notched heat sink design (Sathe et al., 1995).

In one of the few studies of microchannel heat sinks involving a non-transverse flow
direction, Copeland (1995) performed theoretical, experimental and numerical analyses
on a manifold microchannel heat sink having multiple top inlets alternated with top
outlets, as shown in Figure 2.7. The design differs from a traditional microchannel heat
sink in that the flow length is greatly reduced to a small fraction of the total length of the
heat sink. Alternating inlet and outlet channels guide the coolant to and from the
microchannels. At a given pumping power, increasing the number of inlet/outlet channels

(a traditional microchannel heat sink has one channel) requires an increase in the volume
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flow rate, but permits higher flow velocity, provides lower thermal resistance, and

produces significantly lower pressure drops.

Figure 2.7 Manifold microchannel heat sink (Copeland, 1995).

A one dimensional model of air cooled parallel plate impingement heat sinks was
developed to understand how the heat sink performance depends on the different
geometry variables (Kang and Holahan, 1995), see Figure 2.8. The one dimensional
model was used to develop an initial design for the heat sink and to develop expressions
to correlate R and AP versus Q. The simplification introduced by assuming a pure
counterflow with the heat sink is expected to lead to an overprediction of the heat transfer

performance. The resulting equation for the thermal resistance is

e! e’
g HGt1) T 5

kWL et —e?

(2-20)
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where,

2
q=r0 ,/‘m +1-1 2.21)
2¢ |\ e
2
p=ra. J“C +1+1 2.22)
2¢ |\ i

C=pUc, - (b+1) (2.23)

This pressure drop model has assumed a flow length of H+L/2 to estimate the frictional
pressure drop. In the interest of simplicity, important details such as the effect of flow
turning and the exit area being smaller or larger than the inlet area have been completely
ignored. The resulting expression for pressure drop is

H+~1~L

AP =

124U +09-—— pU? (2.24)
b+t

b2

Figure 2.8 One dimensional model of a counterflow heat sink (Kang and Holahan,
1995).
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These simple models are intended to provide only an order of magnitude estimate of the
thermal resistance and pressure drop to aid in the identification of heat sink geometries.
One further outcome of the analytical study was that the thermal resistance could be
correlated well with the air flow rate in the form (R~C;+C,/Q) and the pressure drop

could be correlated with the form (AP~C30+C40°).

Holahan & Kang (1996) modeled the flow field in the channel between the fins as a Hele-
Shaw flow. Conduction within the fin is modeled by superposition of a kernel function
derived from the method of images. Convective heat transfer coefficients are adapted
from existing parallel plate correlations. They described the following more accurate

pressure drop model compared with the above one dimensional model:

1 b K 38y LY
AP == plaad)?|| —— | K +—5 |+]0.64+ +6ug = | & +1 2.25
s )[[bﬂ‘ ‘ aZJ ( 2aabL)] ”a(bj (@+1) @29

where

(2.26)

(2.27)

Kondo et al. (1995) reported on a semi-empirical development of a pressure drop
prediction for impingement cooling of heat sinks with plate fins. The flow region is
divided into five parts. Values were predicted for pressure drops with plate fins for a
variety of impingement inlet widths, gaps, fin heights, and the number of fins. These

predictions agree with the experimental data within £30%.
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Later, Kondo et al. (1996) described an experimental study on the impingement cooling
characteristics of heat sinks with plate fins of 0.2 mm thickness, which are spaced with a
fin spacing in the range 0.5 mm to 2.0 mm. The air cooling of the heat sink comes from a
slot-shaped orifice positioned above the heat sink center. The breadth of the gap between
the fin tops and the inlet orifice is in the range 0 mm to 10 mm. The thermal resistance of
the thin plate fins used is about 50% to 57% that of the thick plate fins now in
commercial use. The cooling performance of the thin-plate fins is almost the same as that
of optimally arranged pin-fins with the same total surface area. A maximum value of six
times the heat transfer rate of a single flat plate having the same base area was observed
for the thin-plate fins. A comparison of cooling performance between impingement and
parallel flow systems was also conducted. The performance of the impingement cooled

systems is almost unaffected by the height of the gap between the fin tops and the inlet

orifice.

Furthermore, they completed another experimental study and reported a zonal model of a
thermal resistance prediction for impingement cooling heat sinks with plate fins. The
impingement flow over the plate fins was divided into six regions. The experiments were
performed with a variety of different fins. To enhance impingement cooling, one long
rectangular inlet orifice over the center of the heat sink was found to offer the best
structure. The optimum orifice width is about 1/6 of the base width of the heat sink. The
thermal resistance at a fixed volumetric flow rate and orifice width varies little with size

of the gap between the fin tops and the inlet orifice. A set of correlations are proposed
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between the thermal resistance of the heat sink and the geometry of the plate fins. The
accuracy of the predicted thermal resistance was found to be within +£25% of the

experimental data.

Finally, Kondo et al. (1998) summarized and modified the above semi-empirical models
for impingement flow in plate fin heat sinks. This zonal mode! divides the total area into
six air-cooling sections, and the flow region into five sections. Each section is modeled
by different heat transfer models or pressure drop models. Dividing the heat sink into
sections requires a large number of equations and makes the model very complicated.
Experiments were performed to test the validity of the model. The thermal resistance was

predicted within % 25 % and the pressure drop within + 20 % of the experimental data.

Aranyosi et al. (1997) conducted parametric studies and revealed the weight of individual
variables in the design of micro channel and woven wire screen heat sinks. Five novel
heat sinks are tested, each proven to be suitable for cooling of high-power electronics
components. The results demonstrate that confined ducting of laminar or low-Reynolds-
number turbulent flows through compact structures of the presented types, combined with
central feeding of air, provides greatly improved thermal performance (up to removable
base plate heat flux of about 20 W/cm®) compared to conventional forced air cooling

schemes, along with reasonable pressure drops, power requirements and acoustic noise.
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Tanaka et al. (1997) performed a turbulent heat transfer and flow calculation based on the
two-equation model of turbulence for the problem of impingement air cooling of LSI
Packages with large plate fins. The calculated velocity vectors show good agreement with
the results of flow visualization. The calculated temperature distributions also agree well
with experimental values. This kind of simulation is helpful for the research and

development of new cooling methods.

Sathe et al. (1997) presented a computational analysis for three dimensional flow and
heat transfer in the IBM 4381 heat sink. This heat sink uses forced convection cooling of
air over an array of fins to achieve the desired cooling. The flow is observed to be very
strong in the region of the fin array below the nozzle. The temperature of the center
region is low and uniform and it increases in the outward direction. The predicted values

of temperature and pressure drop agree well with the experimental values.
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Figure 2.9 Geometric configuration of an impingement flow channel.

Biber (1997) carried out a numerical study and analytical scaling to determine the

pressure drop and thermal performance of a single isothermal channel with variable width
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impingement flow. She modeled one fourth of a channel for a uniform flow entering

through a rectangular slot as shown in Figure 2.9. The parameters used in this study are

summarized in Table 2.1. Fin thickness was not a parameter in the model, since only one

channel was modeled.

Table 2.1 Variable ranges of Biber model.

Parameter Variable Range
Length (mm) L 100-200
Fin height (mm) H 25-50
Fin spacing (mm) b 10-50
Inlet width (mm) s 20-100
Channel velocity (m/s) Ve 1-5
Reynolds number Re.y 25-5200

She numerically studied 43 different combinations of channel parameters and presented

the correlations for pressure loss coefficient and total heat transfer in a channel with

impingement flow. The correlations for pressure loss coefficient, K, and Nu are suggested

as

>
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with x, = L (2.31)
D,Re }0.55s

where K accounts for frictional pressure drop and pressure change due to flow
acceleration / deceleration from inlet to exit areas. Inlet and exit pressure loss coefficients
are not included in the model. These correlations were used to predict thermal
performance for 10 different heat sinks in impingement flow. The test cases covered a
size range from approximately 3 cm to 21 cm in length, with fin height ranging from 0.7
cm to 3.6 cm. The accuracy of the predicted thermal resistance was found to be within
+20% of the experimental data. The pressure drop model was not validated
experimentally by Biber (1997). The correlation of Nu is doubtful since Nu is constant

when impingement inlet width changes for the same flow rate.

Sasao et al. (1999) developed a numerical method for simulating impingement air flow
and heat transfer in plate-fin type heat sinks. In this method, all the fins of an individual
heat sink and the air between them are replaced with a single, uniform element having an
appropriate flow resistance and thermal conductivity. With this element, fine calculation
meshes adapted to the shape of the actual heat sink are not needed, so the size of the
calculation mesh is much smaller than that of conventional methods. Simulations and
experiments were carried out with flat-fin heat sinks of various dimensions. They did not
give any correlations for design purposes. The purpose of this research was to validate
the concept with experiments. The thermal resistance was predicted within +15 % and

pressure drop within + 20 % of the experimental data.
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Soodphakdee et al. (2001) compared performance of TISE (Top Inlet Side Exit or
impinging flow) and SITE (Side Inlet Top Exit or suction flow) for plate fin heat sink-fan
combinations. The fins and base were taken as isothermal and the fin efficiency
developed by Iwasaki and Ishizuka (2000) was applied later to the numerical results. It
was shown that such treatment of fin efficiency correction yields results in good
agreement with the CFD results. They found that the TISE configuration outperformed
SITE and performance was quite sensitive to fin spacing. The empirical correlations of

the CFD solutions for friction factor and heat transfer were not provided.

Saini and Webb (2002) proposed a model for parallel flow based on developing laminar
flow in rectangular channels, and validated this model by experiments. The test pressure
drop data are higher than the predicted values by nearly 20%. The model under predicts
thermal resistance within 8% RMS error. They also described a modified Biber (1997)
model and validated this model by experiments. The predicted measured pressure drop is
13-31% lower than the experimental values, and underprediction increases with
increasing flow rate. The thermal resistance is over predicted by approximately 11% in
the typical operating range of the heat sinks in impingement flow. and overprediction

increases with increasing flow rate.
The theoretical models for impingement flow in plate fin type heat sinks are summarized

as follows: Holahan & Kang (1996) described an approximate pressure drop model;

Biber (1997) developed a pressure drop and heat transfer model of a single isothermal
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channel with variable width; and Kondo et al. (1998) provided a lengthy set of equations
that constitute their proposed zonal model. The zonal model is given in Appendix B.
Since the model involves a large number of equations, it is not convenient in practice,
therefore, it is necessary to develop a concise and accurate model specially for

impingement flow plate fin heat sinks.

2.4 Optimization of Heat Sinks

There have been only a few studies of the optimization of heat sink geometries. In one of
these, Azar et al. (1992) used correlations for fully developed laminar flow between
parallel plates to predict thermal and hydraulic performance of small (25 mm square) heat
sinks. At a moderate pressure drop of 15 Pa, optimum fin thickness was below 0.2 mm

and fin spacing below 1mm.

The thermal performance of three designs of air cooled aluminum fin array containing 5,
8, and 11 fins, respectively, were compared by Knight et al. (1992). The best thermal

performance was obtained with the 8 fin design. They extended previous analyses of

microchannel heat sinks for turbulent flow.
Bejan and Sciubba (1992) reported the optimal spacing between parallel plates in forced

convection. The analysis was performed for isothermal and constant heat flux boundary

conditions. Correlations for developing flow were taken from Shah and London (1978).
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They found that the maximum total heat transfer rate is proportional to (4P)"?, the total
thickness of the stack, and the maximum allowable temperature difference between the
board and the coolant inlet. It was shown that the surface thermal boundary condition has
a minor effect on the optimal spacing and the maximum heat transfer rate. The maximum
heat transfer rate for air (Pr = 0.72) is achieved for L” = 0.04. They also showed that the

ratio of heat transfer rate and pumping power monotonically decreases as the spacing

between plates increases.

Boesmans et al. (1994) analyzed heat sinks of different geometries using a new design
criterion which involves both the effects of heat transfer performance and pressure drop.
It is shown that, when pressure drop is taken into account, plate fin heat sinks have a
better cooling performance than offset-strip fin or pin fin heat sinks. The dimensions of a
plate-fin heat sink are optimized using an analytical model. The optimal plate-fin has a
cooling performance comparable to what is normally achieved by integral water cooling.
This fin structure should allow a multi-chip module to dissipate up to 4 W/cm® (at a

junction temperature of 80 °C and an ambient temperature of 40 °C).

Mansuria and Kamath (1994) performed numerical and experimental studies of three fin
geometries (plate, pin and radial) for impingement and suction flow. Impingement
cooling generates lower thermal resistance than suction through the fins. Numerical

simulation of 12 geometries (4 each of pin, plane and radial fins) showed that the plate
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fin geometry had the minimum convection thermal resistance. For the plate fin geometry,

there was a significant increase in the pressure drop when the number of fins increased.

Copeland (1995) modified previous analyses for developing flow and calculated optimum
fin thickness and spacing for silicon heat sinks cooled by fluorocarbon liquid. As channel

length decreased, optimum fin spacing and thickness decreased.

Lee (1995) proposed to use “f’ and “5” factors from Kays and London (1984) to model
plate fin heat sinks in parallel flow. He analyzed flow through parallel fin heat sinks in
fully ducted and partially ducted flows. Unlike a fully ducted configuration, in a partially
ducted configuration at a fixed approach velocity, an optimum fin thickness and fin
spacing exists. When the bypass path is eliminated, thermal performance improves

monotonically as fin spacing is decreased.

Aranyosi et al. (1997) performed experimental and numerical studies and produced
isocurves of pressure drop and fan/blower power at fixed thermal resistance in addition to
isocurves of thermal resistance at fixed pressure drop and fan power. As pressure drop or
fan/blower power increased, optimum fin spacing and thickness decreased, resulting in

reduced thermal resistance.

Kondo et al. (1997) considered two types of heat sink: plate fins and pin fins. They

optimized the heat sink geometries by evaluating sixteen parameters simultaneously,
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including fin thickness, spacing and height. For the plate fins, the optimal thickness was
found to be 0.12-0.15 mm. For the pin fins, optimal pin diameters were 0.39-0.40 mm.
Under the conditions of constant pumping power, the optimal thermal resistance of the

plate fins was about 60% of that of the pin fins.

Furthermore, Kondo et al (1998) utilized the previous complicated zonal approach on the
design and optimization of plate fin heat sinks cooled by impingement. Using this model,
a method was proposed for optimizir}g heat sink geometry by applying the univariate
search technique. For a 60 by 60 mm LSI, the optimum fin geometry was: fin thickness
of 0.15 mm; fin spacing of 0.54 mm; number of fins: 87; fin height of 14.5 mm; and

impingement inlet width of 30 mm.

Biber and Fijol (1999) performed a thorough study of the optimization of a fixed size
heat sink using an actual fan curve as the hydraulic operating condition. Variation of the

base thickness was also considered.

Copeland (2001) performed parallel flow analysis using analytic equations for an ideal
heat sink with infinite thermal conductivity and zero fin thickness (fully developed flow)
and practical heat sink with finite thermal conductivity and fin thickness (developing
flow). The effect of fan power and fin height was studied for typical ranges of fin spacing

and thickness. He found that each fin spacing value has a single best fin thickness.
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Increasing fin height was shown to decrease thermal resistance faster than by increasing

fan power.

Iyengar and Cohen (2001) performed a least material optimization and proposed a
number of performance metrics for comparing heat sinks. These metrics are array heat
transfer coefficient (q/(LWAT)), mass specific heat transfer coefficient (g/(psnV5.47)),
volumetric efficiency of the heat sink (g/(LWHAT) and coefficient of performance (COP
= q/Ppump). Cohen and lyengar (2002) used a laminar developing flow heat transfer model
provided by Kakac et al. (1987) and a pressure drop model developed by Holahan et al.
(1996) to carry out plate fin heat sink optimization for least material and maximum heat

transfer. The test optimization was carried out based on a heat sink coefficient of

performance.

Culham and Muzychka (2001) presented a heat sink optimization technique that allows
simultaneous optimization of heat sink design parameters based on entropy generation
minimization. The optimization used a parallel flow model developed by Muzychka and
Yovanovich (1998) for pressure drop and Teertstra et al. (1999) for heat transfer. All
design parameters for plate fin heat sinks, including geometric parameters, heat
dissipation, material properties and flow conditions can be simultaneously optimized to
characterize a heat sink. In addition, a fan performance curve was used to find the system

operating point and optimized design parameters.

39



Loh et al. (2002) investigated eight plate fin heat sinks in parallel flow under two fans
and two blowers for different fin spacing length ratios. The optimization point between
the different types of fans or blowers under certain fin spacing/length was obtained. They
predicted heat sink performance using the Copeland (2000) model for pressure drop and
the Teertstra et al. (1999) model for heat transfer. The heat transfer model over predicted

the optimum geometries by 6-10 %.

Saini and Webb (2002) addressed the heat rejection limits for a fan-heat sink combination
within a fixed volume. Analytical models are used to predict the optimum geometry for
plate fins with parallel and impingement flow. Experiments are done to validate the
predictions. They also performed optimization for an offset-strip fin geometry in parallel

flow and found that the plate fin outperformed the offset-strip fin geometry.

Heat sink optimization involves many different considerations: thermal, mechanical,
fluid, system environment and manufacturing variables. Most of the research on heat sink
optimization was focused on minimizing of fin mass, minimizing pumping power, or
finding optimum geometries. Most studies have concentrated on parallel flow rather than

impinging flow.
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2.5 Spreading Resistance

- | '\s Heat sink basve\Ab
Tsouwce Electronic Module A,

Toase

Figure 2.10 Schematic view of spreading thermal resistance.

Thermal spreading resistance occurs whenever heat leaves a heat source of finite
dimensions and enters into a larger region, as shown in Figure 2.10. Typical applications
include cooling of electronic devices, both at the package and system level, and cooling
of power semiconductors using heat sinks. In the electronic module cooling problem, heat
flows from the electronic module surface (source area 4;) to the heat sink base (area 4; >
4;) which is convectively cooled. The definition proposed by Mikic and Rohsenow

(1966) can be used to define the spreading resistance:
R = source _ ”base (2.32)

In heat sink applications the convective film resistance can be replaced by an effective

extended surface film coefficient.
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Lee et al. (1995) developed an analytical model for predicting spreading thermal
resistance in a plate with a uniform heat flux on one surface and a convective boundary
condition over the other surface. Dimensionless expressions in the form of infinite series
are provided for computing spreading thermal resistance as a function of contact size,
plate thickness and the Biot number. It was found that the spreading resistance is
insensitive to changes in both the plate thickness and the Biot number, and is solely
dependent on the contact size of the heat source. Lee et al. (1998) suggested the
following expressions as an approximation to the infinite series solution for determining

spreading resistance in heat sink applications. Ry is the average heat sink resistance.

R = \/Zb—"'\/zs—x Ak4,R, +tanh(lt)

¥ g Jud, A, 1+1k4,R, tanh(11)

(2.33)

where

A=

TR (2.34)
V4, 4,

The above correlations were reported to agree with the analytical infinite series solution

within 10% over the range of parameters commonly found in microelectronics

applications.

Yovanovich et al. (1998) reviewed the previously published spreading resistance models
and presented simple correlation equations for ease of computation. They showed that a
number of particular solutions were special cases of a more comprehensive model
developed for a circular heat source in perfect thermal contact with a compound disk

which consists of two isotropic layers (thermal conductivities k; and k;) in perfect
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planar rectangular heat source situated on one end of a finite isotropic rectangular flux
channel that has thickness ¢t and thermal conductivity k is considered. The heat flux
channel is cooled along the bottom surface through a uniform contact conductance ..
The heat source area is rectangular, having dimensions 2a by 2b. The dimensions of the
heat flux channel (heat sink base) are 2¢ by 2d, as shown in Figure 2.11. The lateral
boundaries of the heat flux channel are adiabatic. The general expression for the
spreading resistance of central heat source on finite isotropic rectangular flux channel

with convective cooling at one boundary is presented by Yovanovich, Muzychka and

Culham (1999).
Ry dkgsm;(;“ﬂ e f’“mz)
(2.35)
FroeoR) s’ (;f;";/‘:"(b’“") 4B,
where
¢(§)—(32t¢+l); (A=e")h [k (2.36)

e™ -1~ +e™)h, [k
In all summations, ¢(¢) is evaluated in each series using (=8, 44, and Sy, The general
expression depends on several geometric and thermal parameters (a, b, ¢, 4, t, k, h.). The
eigenvalues are J,=mmn/c, A,=nn/d, /3,,,,,,=(5,,,2+A¢,2)”2. The eigenvalues & and A,
corresponding to the two strip solutions, depend on the flux channel dimensions and the

indices m and n, respectively. The eigenvalues f,, for the rectangular solution are

functions of the other two eigenvalues.
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Muzychka et al. (2000) analytically studied the spreading resistance of eccentric heat
sources on a rectangular flux channel for both isotropic and compound flux channels. It
was shown that the solution could be used to model any number of discrete heat sources
on a compound or isotropic flux channel using superposition. Also, the solution for a
central heat source can be used to compute the spreading resistance for corner and edge

heat sources using the method of images.

2.6 Summary

This chapter presented a literature review pertinent to the present research. Heat sink
modelling research was reviewed for parallel and impingement flow geometries. Parallel
flow geometry is more clearly understood in the literature than the impingement flow
geometry, as more research on parallel flow has been reported than for impingement
flow. A review of research on heat sink optimization was also presented. Finally, a brief
review of literature on thermal spreading resistance in heat sink applications was also
provided. A simple approximate solution and an exact analytical infinite series solution

were presented to calculate spreading resistance.
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Chapter 3

Theoretical Modelling

This chapter presents pressure drop and heat transfer models for developing impingement
flow in plate fin heat sinks. Both models are constituted from simple momentum and
energy balances and utilize fundamental solutions from heat transfer and fluid dynamics

to predict their constitutive components.

3.1 Pressure Drop Model

The pressure drop model for the impingement plate fin heat sink will be based on
correlations for laminar duct flows, which are essentially one-dimensional. We need only
study one half of the heat sink since the flow field, temperature contours and pressure
fields on the other half are a mirror image due to symmetry. Half of the impingement
cooled heat sink channel is considered as two connected rectangular channels; one is
vertical and the other is horizontal. Their effective lengths are L.y and L.g, as illustrated
in Figure 3.1. This consideration is justifiable if one imagines a typical streamline, for
example near the middle of the impingement slot. This streamline length is better

approximated by the L-shaped path of height 0.5H and length 0.5L-0.25s after a 90° turn.
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Figure 3.1 Impingement flow geometric configuration.

Summing all of the frictional and dynamic losses, the total pressure drop model function

is given in terms of Bernoulli’s equation,

AP—KlV v Leﬁ’lV24 Lo 1 KlV
= 2.0 chl +K90 ,0 cht T f;zplj D, 5.0 ot fappz D, 2chhz + 2.0 w (3.1

1

Zch,,f (3.2)

K +K,+4f A, +4f s K,
+ Ky + L
or 90 appl Dm S app2 th
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The average velocity in the channel can be obtained from mass conservation,

W
Vchl = Vinlet W _th (3.3)
Vu 5 O ~1N7) = V. VH ~(NH) (3.4)
2H
ch = Vchz T (3.5)

3.1.1 Frictional Pressure Losses

Impingement flow modeling in a plate fin heat sink is essentially a simultaneously
developing hydraulic and thermal boundary layer problem in rectangular ducts. The flow
may become fully developed if the heat sink channel is sufficiently long in the flow
direction or with small fin spacing, however, this is very unlikely for electronic cooling
application heat sinks. The apparent friction factor, f,,,, for a rectangular channel may be
computed using a form of the model developed by Muzychka and Yovanovich (1998) for
developing laminar flow:

172

2
fuwRED, = [':’/—2_‘1] +(fRep, P (3.6)
. L
==
D.Rey, G.7)
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The fRe,, term is the fully developed flow friction factor Renolds number group and

depends on b/H only for laminar flow. A single term from the exact series is suggested by

Muzychka and Yovanovich (2002).

24
2
1+(£) 192 m(f’ij
H °H 2b

They validated the model with most of the available developing flow data and found the

(3.8)

fReD,, = |:

estimation error was within +3% for rectangular channel.

For vertical channel 1,

L¥=—"T__ 3.9
= Do ker (3.9
H
Leﬂ‘2=‘i“ (3.10)
25b
D, = 3.11
" s+2b 310
Re, = YonDu (3.12)
14
For horizontal channel 2,
L
L¥=—T2 (3.13)
D,,zReth
L s
L ,=——— 3.14
eff 2 2 4 ( )
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(3.15)

(3.16)

If the flow is turbulent, the Churchill equation (Burmeister, 1993) can be used to compute

Japp

1712

5] ()

16

1

0.9
! +0.27 (i)
Re, D

A=42,457T In

where e/D represents relative roughness.

3.1.2 90° Bend Pressure Loss

(3.17)

(3.18)

(3.19)

The 90° bend pressure loss coefficient data is taken from Idelchik (1993) and curve fitted

to the following relation for 0 < H/s < 1

2 3
K, =3.64-9.157 4 10.87(£J - 4.29(-’%
S § S

If H/s > 1, the 90° bend pressure loss coefficient from Kondo (1996) can be used

(3.20)
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2
Ky = 0.5(——~—1 i VC"22 [Von ) (3.21)

This accounts for loss in momentum due to the turning of the fluid in the channel.

3.1.3 Inlet and Exit Pressure Losses
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Figure 3.2 Entrance and exit pressure loss coefficient (Kays and London, 1984).

For the inlet and exit pressure losses for a heat sink, Kays and London (1984) provide
loss coefficients in the form AP=K(pV?/2) as a function of the ratio of free-flow area to
frontal area o=b/(b+7). The graphs for laminar flow in that reference, as shown in Figure

3.2, have been curve fit here to second order equations:

K, =0.79685 +0.041740 — 0.4376505" (3.22)
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K, =1.00008 - 2.38627¢ +0.987185" (3.23)

The concise expression for laminar flow parallel plate channels from Kays and London

(1984) can also be used
K, =04(1-02)+0.4 (3.24)
K,=(-0) -04c (3.25)
If the flow is turbulent, the expansion and contraction loss coefficients may be computed
using simple expressions for a sudden contraction and a sudden expansion (White, 1986).

K, =0421-0%) (3.26)

K, =(1-62f (3.27)

3.2 Heat Sink Thermal Circuit Analysis

Rbarc

VAV —
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Figure 3.3 Heat sink thermal circuit.

Figure 3.3 illustrates the thermal circuit corresponding to the heat transfer from a plate fin

heat sink. The total heat sink thermal resistance is
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T -T

R =—= Q“"’” (3.28)
It can be expressed as
1
Rtatal =Rxp + Rbase+ 1 1 1 (329)
+—t
Rbare R ins Rrad
The effective thermal resistance is defined as:
R = 1 3.30
eff 1 1 1 ( . )
+ +
Rbare R fins Rrad

where Ry is an effective resistance that accounts for heat flow paths by conduction,
convection and radiation in the fins, and by convection and radiation from the exposed

portion of the base area.

The conduction resistance in the base of the heat sink is:

t
R, =—> 3.31
base k/lb ( )
A =LW (3.32)

The convection resistance for the exposed base area is:

Rbare = 1

(3.33)

4,,., = (Nr-1HbL (3.34)
The assumption of one-dimensional conduction in a fin with uniform properties, constant

cross-section, and adiabatic tip gives the following expression for fin resistance:
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1
R, = 3.35
- [hPkA tanh(nH) (3.33)

R Ry 3
ins = a7 36
s = (3.36)
The radiation thermal resistance is given by:
R . = I 3.37)
rad ~ .
hrad Arad
hrad = 80-(TS + Tamb )(7—;2 + Tambz) (3 '38)
A, =2(LH +WH)+ LW (3.39)

where ¢ and ¢ are Stefan-Boltzmann constant and the surface emissivity, respectively.

The overall heat sink resistance is given by

R. L + f

sink —
E]Yf— +h(Nr-DbL+h 4., LW

fin

(3.40)

The spreading thermal resistance for the present research is obtained from the following

expression developed by Yovanovich, Muzychka and Culham (1999).

8 sin®(8,, L, /2) sin? (4, W ./2) 1
Ko = L, LWk; 5> #Oa)+ L, LWkZ.; A} P4

n

(3.41)

ZZ sin®(8,, L, /2)sin?(4, W, /2)

L W LWk ot L 5m212ﬂm,n : ¢(13m,n)
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(e +1)-(1-e*)h, [k

where (&)= (ezt,,e’ ~D¢ -1+ et )heﬁr /k

(3.42)

In all summations ¢(¢) is evaluated in each series using {=dy, A, and Sy, .

The general expression for spreading resistance consists of three terms. The single
summations account for two-dimensional spreading in the x and y directions,
respecﬁvely, and the double summation term accounts for three-dimensional spreading
from the rectangular heat source. The eigenvalues are &,=2mn/L, A,=2nn/W,
B (G2t 22) 2. The eigenvalues § and A, corresponding to the two strip solutions,
depend on the flux channel dimensions and the indices m and n, respectively. The

eigenvalues G, , for the rectangular solution are functions of the other two eigenvalues.

3.3 Heat Transfer Model

The problem of interest in this study involves forced convection heat transfer for a plate
fin heat sink, a parallel array of Ny plate fins mounted to a conductive base plate, as
shown in Figure 3.1. This analysis will assume a uniform velocity through the channels
formed between the fins. No leakage of air through the top edges of the channels is

achieved by placing a shroud on top of the fins.
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Figure 3.4 Proposed solution behaviour (Teertstra et al., 1999).

The heat transfer coefficient, 4, will be computed using the following model developed
by Teertstra et al. (1999). This model is applicable to both fully developed and
developing flows. Figure 3.4 shows the behavior of these two asymptotes, along with the
composite model for the full range of Re,” from developing to fully developed flow.
Teertstra et al. validated the model with experimental and numerical data and found 2.1%
RMS error and 6% maximum error, The development of a heat transfer model will be

similar to the development of the pressure drop model.

33

-3
Re, *Pr .
Nub=( b2 ) +[0.66 Re, *Pr'" f1+ ;SS*J (3.43)
)

Nu, = hob (3.44)
k,
b
Re,* = Re, [Z] (3.45)
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For vertical channel 1,

h, -b
Nu,, = (3.46)
ka
. b 3.47
Rey* = Reyy - I (3.47)
eff 1
For horizontal channel 2,
Nutyyy = etz (3.48)
b
Rey,*=Reyy 1 — ] (3.49)
Ly,
The average heat transfer coefficient for the heat sink is suggested as
s L-s
h=h, —+h 3.50
ot T ez T (3.50)

Since the heat transfer model assumes isothermal boundary conditions i.e., the fin
temperature is equal to that of the base plate, it must be further modified by a fin
efficiency which quantifies the ratio of actual to ideal heat transfer. Assuming an

adiabatic condition at the fin tip, the efficiency can be determined as follows:

__t@_n_l(ﬂ (3.51)

7= mH
where m is defined as
hP
m= 3.52
o (3:52)

The perimeter P and cross sectional area 4, of the fins are given by: P=2¢ + 2L, A=tL.
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3.4 Effective Heat Transfer Coefficient
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Figure 3.5 Schematic showing the effective heat transfer coefficient.

In heat sink applications, the value of h.y is an effective value which accounts for both
the heat transfer coefficient on the fin surface and the increased surface area, as shown in

Figure 3.5.

b = (3.53)

The total thermal resistance of the system is defined by the relation

Rtolal = RID + Rsp (354)

where R;p is the one dimensional resistance of the system given by
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{
RID =ty 1

(3.55)

The spreading thermal resistance will depend on several geometric and thermal

parameters

R, = f(LW,L, W t,,khy) (3.56)

The spreading resistance vanishes when the heat flux is distributed uniformily over the

entire heat sink base surface.

The Ryoraiis known from experimental measurements, therefore, the effective heat transfer
coefficient k.4 can be calculated from Eq.(3.54). In the present heat sink research, A can

utilized to obtain the actual heat sink heat transfer coefficient, 4, which can be used to

examine the proposed heat transfer model.
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Chapter 4

Experimental Facility

4,1 Introduction

The aim of the experimental part of this study was to reproduce the impingement airflow
and heat transfer phenomena that occur in high performance parallel plate heat sinks. The
phenomena had to be produced in such a way that they could be quantitatively measured,

to permit a comparison with the analytical models described in Chapter 3.

The experimental facility was used to measure the hydraulic and thermal performance of
the heat sinks. The hydraulic performance of the heat sink is expressed as pressure drop
across the heat sink versus flow rate. While the thermal performance of the heat sinks is

expressed as Ry, and is given by

L ~Tim
Rlotalz_—Q——lz (41)

Calculation of R,y involves measurement of the temperature difference between the heat
sink base and ambient conditions, and the heat flow across the heated surface to the heat
sink. This thermal resistance includes a spreading resistance, Ry. The experimental

facility has two main parts - flow bench for pressure drop and airflow velocity
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4.2 Flow Bench

The flow bench was designed to measure the air velocity and pressure drop for different

airflow rates. A schematic of the flow bench is presented in Figure 4.2. The air was

discharged from a blower into the test section. The height of the test section could be

varied to allow the use of different fin height heat sinks. Furthermore, the impingement

inlet width of the test section could be adjusted from 0-100% of the heat sink length.

(Q>B lower =

-

X Governor

Welocity transducert———e

Shroud
\\

Mesh

-7 Static pressure tap

Heat Sink—_

Insulatorq_“

Figure 4.2 Schematic of experimental facility for impingement flow test.
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as shown in Figure 4.4. A differential pressure transmitter with a range of 25.4 mm of

water column is used for this purpose.

The experimental total air pressure drop for impingement flow can be found in terms of

Bernoulli’s equation

P, Vet P V oter
inlet + l inlet + Z,'nlef - outlet + _:_l__ outlet + Z,,uue, + Z h] (4.2)
rg 2 g g 2 g

Since both pressures are measured in the same plane (ziue=Zourer), total head loss can be

obtained

2 2
Z hl = Pinlel P, outlet + _1_ Vinlet - Vaullet ( 4.3)
P8 2 8

The average impingement inlet and outlet velocities can be calculated from mass

conservation.
Vd Aduct - Vlavs = Vinlet Ainlel = Voullet Aoutlel (44)
where V), is the flow rate leakage loss.
The total pressure loss is thus given by
AP=pg b, 45
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4.3 Thermal Tester
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Figure 4.5 Schematic of the thermal tester.

Figure 4.5 shows a schematic of the thermal tester. Two electrical heaters were used to
simulate an electronic module. These heaters were connected to a XANTREX XFR series
power supply by lead wires. This power supply provides low noise, precisely regulated,
variable DC output at 1200 Watts (MAX) of output power. Over voltage protection and
thermal shutdown are standard. There are several remote control choices: standard analog
programming, optional isolated programming or readback, and optional GPIB
programming or RS-232 control. The available voltage and current ranges are 0-150 V

and 0-8 A, respectively. These electrical heaters were put into a 76.2 mm square cross
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section 12 mm high copper block. Insulation was placed under the copper block. This
heat loss through the bottom of the block was estimated to be less than 5 % of the heat
input, and a correction was applied in the data reduction. Insulation was also applied to
the periphery of the copper block and the heat loss from the periphery of the copper block
was estimated to be a maximum of 0.5 % of the total heat input, and a correction was
applied in the data reduction. The estimation of heat losses assumes fixed thermal
conductivity of the insulation and one-dimensional conduction though the insulation
surrounding the copper block. The heat input to the heat sink was determined at the time

of test by the product of measured voltage and current (UI) corrected for ambient heat

loss (Qyoss)-

\
Thermocouple  Surface of copper block

Figure 4.6 Thermocouple locations on upper and lower surface of the copper block.

Five copper-constantan thermocouples were attached, in grooves with thermal epoxy, to
the upper surface of the copper block to measure the upper surface average temperature.

Another five copper-constantan thermocouples were attached to the lower surface of
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copper block to measure the lower surface average temperature. The upper and lower
surfaces are divided into four equal areas. The five thermocouples are placed at the
centroids of the four equal areas and the center of the whole surface, respectively, as
shown in Figure 4.6. The mean temperature of the heat sink base was represented as the
average of the ten readings of thermocouples. The ambient temperature was measured
with three other thermocouples. The three thermocouple readings were averaged to give
the average ambient temperature. The temperature drop, A7, from the heat sink base to

ambient can thus be calculated directly.

Electrical energy input (UI) to the heater was measured by a DC power supply with high
resolution. The tests were conducted with 72.6-104.2 W of input power. The measured
thermal resistance is given by Ry = AT/(UI-Qy,s5). Note that the heat sink base area is

larger than the heat input area, so the measurement includes the spreading resistance.

4.4 Data Acquisition System

Data acquisition is fully automated using a KEITHLEY Model 2700 Multimeter/Data
Acquisition System connected to a personal computer. Real time monitoring of all
measurements is displayed at all times. Data collection is user initiated and a total of 50
data points are collected over a 12 minute interval for each set data. Average values of

the 50 data points are then used in the data reduction procedures.
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4.5 Description of Experiments

Experiments were conducted to validate the analytical heat sink models. Tests were
conducted for four heat sink geometries for impingement flow. Heaf sink pressure drop
and thermal resistance data were taken for different flow rate conditions and different
impingement inlet widths. For each heat sink, the experimental measurements were
carried out at seven different velocities in the plenum chamber (Vy), 0.4 m/s, 0.5 m/s, 0.6
m/s, 0.7 m/s, 0.8 m/s, 0.9 m/s, 1.0 m/s, and six different impingement inlet widths, 5%L,
10%L, 25%L, 50%L, 75%L, 100%L, respectively. In total, 168 data points were collected
for thermal resistance and pressure drop. The details of the heat sinks used for the tests

are summarized in Table 4.1.

Table 4.1 Geometry of the heat sinks used in the experiments.

Configuration | Heat Sink #1 | Heat Sink #2 | Heat Sink #3 | Heat Sink #4
L (mm) 127 127 127 127
W (mm) 122 122 116 116
tp (mm) 12.7 12.7 12.7 12.7
t (mm) 1.2 1.2 1.2 1.2
b (mm) 225 2.25 4.27 427
H (mm) 26.5 50.0 34.0 50.0
Ny 36 36 22 22
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4.6 Experimental Data Collection Procedure

The procedure for collecting a set of data was as follows:

a. Start the Data Acquisition System.
b. Turn on and adjust the fan such that the prescribed velocity was obtained.
c. DC power supply was turned on.
d. Thermocouple readings were monitored until they stablizied.’
€. Collect a set of data.
f. Adjust to next prescribed velocity to collect another set of data.
* The data were taken at steady state conditions, defined by less than * 0.1°C temperature

variation over a period of at least one minute.

4.7 Uncertainty Analysis

4.7.1 Introduction

This section describes the uncertainty analysis for airflow velocity, pressure drop and
thermal resistance measurements. The uncertainty analysis for the test data was
determined using the root sum square method described in Moffat (1988) and Holman
(1994). A brief description of the method is given here. The result R of the experiment is

assumed to be calculated from a set of independent measurements X;, X, ... Xy,
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R=f(X,X,,.X,) (4.6)

Consider a variable, which has a known uncertainty dX;. The form for representing this

variable and its uncertainty is
X, = X, (measured) + 6X 4.7)
The result R can take values R + JR and the uncertainty of JR is given by

oR ) * (R ’ oR 1)
R=|| x| +] Soax, | +| x| 4.4 X, (4.8)
ox, 8x, X, ax

N

In many applications, the uncertainty estimate is desired as a fraction of reading, rather

than in engineering units. The percent uncertainty in R is then given by (R / R) x100.

4.7.2 Uncertainties Due to Measurement Error and Fluid Property

Table 4.2 Uncertainties in Measurements and Fluid Property.

Measurement & Property Uncertainty

Temperature- T (°C) +0.1

Pressure- P (Pa) +0.1%

Velocity- ¥ (m/s) +2.0%
Voltage- U (mV) +0.35
Current- / (mA) +0.1
Dimension- / (mm) +0.1
Density- p (kg/m’) 0.5%
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The uncertainty in the experimental measurements and fluid property are summarized in

Table 4.2.

4.7.3 Uncertainty in Velocity Measurements

From mass conservation

loss

VA, -V,
Vi = ==

inlet

The uncertainty in impingement inlet velocity measurement is determined from
2 2 %
éTfinlel = (5(Vd Aducl - V;oss )J + ( 5Ainlel J
Vinlet (Vd Aducl - 1’/;os.v ) Ainlet

1
Wy Ay Vo) = AV, Y + V184, Y + (&, Y]

where

4.9)

(4.10)

@4.11)

where d4guc: and dA4q are the uncertainties in duct area and impingement inlet area

estimates. The side length of the duct is measured with uncertainty of 0.1 mm and all

dimensions are known so0 d4g4..: and d4;,.; can be obtained. The calibration certificate of

the velocity transducer indicates the percent uncertainty of the average velocity in the

plenum chamber (V) to be 6V4/Vy =2.0%. The flow rate leakage losses (V) are

estimated to be approximately 3 % of total flow rate. The 6V },5/Vipss 1S assumed to be

50%. The percent uncertainty in impingement inlet velocity is calculated using Eq.

(4.10). The percent uncertainty is estimated to be 2.5% in the validation tests.

72



Using the same method, we have

o el (4.12)
autlet
2 h
aVouzlel — ( 5(Vd Aduct Iass ) ] ( outlet j ( 4. 1 3)
Vauxlel (Vd Aducl Ia,\s ) Aaul[el

The percent uncertainty in outlet velocity is estimated to be 2.5 % in the validation tests.

4.7.4 Uncertainty in the Pressure Drop Measurements

The total pressure drop is given by
1 2 2
AP P, inlet ~ P autlet + 5 p (Vinlet - I/aullet ) (4' 14)

The uncertainty in pressure drop measurement is determined from

2%
|:(§ inlet ouxlel))2 + mlet mlel) (,0 oulle outlet) ( ( inlet _Voutletz )5p) } (415)

The uncertainty in the static pressure drop measurement (5(Pnrer-Poure:)) is 0.1% of one
inch of water column (=0.25 Pa). The minimum and maximum measured total AP in
validation tests was 1.28 and 60.18 Pa, respectively, from Appendix A, therefore, the
uncertainties in pressure drop measurement were 19 % (for minimum 4P) and 0.7 % (for

maximum 4P), respectively.
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4.7.5 Uncertainty in Thermal Resistance Measurements

The measured total thermal resistance is given by

T -T

amb __

T, T,

amb

R . =
total Q UI _ Qlo_,._‘.

The uncertainty in thermal resistance measurement is determined from

JRtotal _ 5(7; - Tamb) : + 6(UI - Qloss) ’ %
Rtota[ - (Ts - Tamb) (UI - Qlass)

where
5T, ~T,s)= (6T, + (T, Y]

UL -0,..)=1sUY +(UstY +(50,. )

(4.16)

@.17)

(4.18)

(4.19)

According to the analysis, the primary contributor to the uncertainty is the heat losses.

The voltage and current readings are less significant. The heat losses (Qy,ss) are estimated

to be approximately 3-5 % of Ul The estimation of heat losses assumes fixed thermal

conductivity of the insulation and one-dimensional conduction through the insulation

surrounding the copper block. The 8Qoss/Oross s assumed to be 50%. The uncertainty in

the total measured thermal resistance (R,,,) Was then computed, using Eq. (4.17), to be a

maximum of 2.6 % for the validation test data.
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Chapter 5

Results and Discussion

5.1 Introduction

This chapter presents and discusses results of the present research. The models described
in Chapter 3 are validated with the experimental data taken on four heat sinks in the
experimental facility described in Chapter 4, and other experimental data from the
published literature. The comparisons of experimental data with the predictions from the
models are given first. The differences between experimental data and model predictions
are discussed. The thermal resistance network is reexamined and each of the thermal

resistances is analyzed.

The results of the experiments are presented as pressure drop and thermal resistance as a
function of channel velocity (V.x2). The model predictions are shown in the figures along
with the experimental data for comparison, The ambient temperature for the tests was
21+ 2 °C, and the heat source temperature was 50-65 °C, therefore, air properties at 40 °C

were used in making predictions, and 200 W/mK was used for the thermal conductivity

(k) of the aluminum.
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The models used for the impingement plate fin study are experimentally validated in

Section 5.2 and 5.3. The major assumptions in applying the model predictions are:

®

(i)

(iif)

(iv)

(vi)

Uniform airflow at the heat sink impingement inlet is assumed. Fan induced

airflow will actually be non-uniform.

The copper block and heat sink base will form an interface. The interface is
bonded and offers negligible thermal resistance. A zero interface thermal

resistance is assumed for the present work.

The flow is assumed uniform over the entire channel.

A uniform heat transfer coefficient is assumed over the heat sink surface for

calculation of the thermal resistance.

The air properties and thermal conductivities of the copper heat block and

aluminum heat sink are assumed constant.

The fin spacing for each channel is precisely equal.
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S.2 Validation of the Pressure Drop Model

5.2.1 Comparison of the Pressure Drop Model with the Experimental Data

To check the validity of the model predictions, tests were conducted on four heat sinks.
In this section, the values of pressure drop predicted by the analytical model described in

Chapter 3 will be compared with the values obtained experimentally. Please refer to

Table 4.1 for the heat sink geometry.

Figure 5.1 shows the measured and model predicted air pressure drop of Heat Sink #1 for
different impingement inlet widths. The test data errors between the measured and
analytical values are summarized in Table 5.1. The highest Reynolds number in the
experimental data was 1020, which is in the laminar regime. The differences between

predictions and test results increase slightly with increasing flow rate.

Figure 5.2 illustrates the measured and model predicted air pressure drop of Heat Sink #2
for various impingement inlet widths. The test data errors are presented in Table 5.2. The
highest Reynolds number in the experimental data was 526, which is in the laminar
regime. The differences between predictions and test results increase slightly with

increasing flow rate.
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Figure 5.3 depicts the measured and model predicted air pressure drop of Heat Sink #3
for different impingement inlet vﬁdths. The test data errors are summarized in Table 5.3.
The highest Reynolds number in the experimental data was 1270, which is in the laminar
regime. The differences between predictions and test results increase slightly with

increasing flow rate.

Figure 5.4 demonstrates the measured and model predicted air pressure drop of Heat Sink
#4 fbr varied impingement inlet widths. The test data errors are presented in Table 5.4.
The highest Reynolds number in the experimental data was 820, which is in the laminar
regime. The differences between predictions and test results increase gradually with

increasing flow rate.

The uncertainty in static pressure drop measurement (S(PnerPoutier)) 18 0.1% of one inch
of water column (=0.25 Pa), therefore, the uncertainty in total pressure drop measurement
increases when total pressure drop is small in terms of Eq. (4.15). This explains the

relatively large difference in test data and predicted values when total pressure drop is

small.
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Table 5.1 The pressure drop test errors of Heat Sink #1.

s 10% L 25% L 50% L 75% L 100% L
error 22-126% | 0.7-152% | 1.2-124% | 0.5-16.0% | 4.5-209%
RMS 7.3% 8.7% 10.0% 9.1% 12.8 %

Table 5.2 The pressure drop test errors of Heat Sink #2.

s 10% L 25% L 50% L 75% L 100% L
error 2.1-10.1% | 0.7-192% | 4.2-204% | 4.1-173% | 5.6-20.5%
RMS 8.1% 129 % 13.2% 11.8% 12.6 %

Table 5.3 The pressure drop test errors of Heat Sink #3.

s 10% L 25% L 50% L 75% L 100% L
error 6.9-12.1% | 1.0-158% | 04-76% | 3.9-155% | 0.2-18.8 %
RMS 9.6 % 12.5% 5.5% 12.9% 13.5%

Table 5.4 The pressure drop test errors of Heat Sink #4.

s 10% L 25% L 50% L 75% L 100% L
error 1.0-13.6% | 1.4-11.6% | 0.8-174% | 3.5-16.8% | 7.3-20.1 %
RMS 11.3% 10.8 % 12.1% 12.5% 16.3%
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Figure 5.1 Pressure drop comparison for Heat Sink #1.
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Figure 5.4 Pressure drop comparison for Heat Sink #4.
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5.2.2 Comparison of the Model with Other Experimental Data

Figure 5.5 shows the comparison between the Saini and Webb (2002) experimental data
and the analytical model predictions of total pressure drop. The details of the heat sink
used for the test are summarized in Table 5.5. These test data are consistently lower than

the predictions by 5.9% to 20.3 % with an RMS error of 15.1 %. The over prediction

decreases from 20.3 % to 5.9 % with increasing flow rate. Overall, the trend is very good.

Table 5.5 Geometry of the heat sink used in Saini and Webb (2002) experiment.

s (mm)

L (mm)

W (mm)

tp (mm)

t (mm)

b (mm)

H (mm)

Ny

315

76

59.5

4.9

0.5

1.5

29

30

Figure 5.6 demonstrates the comparison between the Holahan (1996) experimental data

and the analytical model predictions of total pressure drop. The geometry of the heat sink

used for the test is detailed in Table 5.6. These test data errors are 1.0-12.5 % with an

RMS error of 8.0 %. The differences between predictions and test results increase slightly

with increasing flow rate.

Table 5.6 Geometry of the heat sink used in Holahan (1996) experiment.

s (mm)

L (mm)

W (mm)

1, (mm)

t (mm)

b (mm)

H (mm)

Ny

50

75

145

10

1.01

0.9

34

74
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Figure 5.5 Pressure drop comparison for Saini and Webb (2002) test data.
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Although the pressure drop prediction algorithm is based on a very simple model, it
succeeds in representing the trends of the experimental values fairly well. The test data
and predictions are, therefore, in very good agreement after accounting for the combined
uncertainties of the predictions and experiments. The agreement is quite satisfying in
view of the simplicity of the model. Given the uncertainties of pressure drop

measurements, the model is reasonably well validated.

It is noted that fan mounted heat sinks used in electronics cooling typically operate with a
Reynolds number between 300 - 1000. Despite the fact that the prediction algorithm for
pressure drop used in this thesis is based on an extremely simple model, it was found that
the predicted pressure drop agrees with experimental values within about +20% and 11.5

% RMS for all data in the typical operating range.

5.2.3 Effects of Impingement Inlet Width

The effects of impingement inlet width on pressure drop are shown in Figures 5.1-5.4.
Both the predicted and the experimental data illustrate that the total pressure drop
increased as the same flow rate was held constant, but the impingement inlet width was
decreased. This is due to the fact that the impingement inlet velocity increases when the
impingement inlet width becomes small. Thus, the sudden contraction pressure loss
increases. When the impingement inlet width surpasses 25% of the heat sink length, the

pressure drop changes are relatively insignificant.
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5.2.4 Effects of Fin Spacing

The effects of fin spacing on pressure drop are illustrated by the results for Heat Sink #2
and Heat Sink #4, which have the same dimensions except for fin spacing (b). Figure 5.7
shows the experimental values of total pressure drop for Heat Sinks #2 and #4 for
impingement inlet widths of 10% and 25%L. Both the predicted and the experimental
values increase with a decrease in fin spacing for the same volumetric flow rate. This is
due to the fact that channel velocity increases when the fin spacing decreases. Thus, the

sudden contraction and expansion pressure losses increase.

When the fin spacing is very small, the surface area of the heat sink increases
considerably, the contraction pressure loss at the impingement inlet and the expansion
pressure loss at outlet of the heat sink increase, and this effect is significant. When the fin
spacing becomes large, the pressure drop decreases and the extended surface area of heat
sink also decreases. Moreover, if the performance of the cooling fan is taken into

account, the pressure drop will increase and volumetric flow rate will decrease as spacing

between the fins becomes small.

5.2.5 Effects of Fin Height

The effects of fin height on pressure drop are illustrated by comparison of the results for

Heat Sinks #1 and #2, and Heat Sinks #3 and #4. Heat Sinks #1 and #2 have the same
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dimensions except for fin height (H). Heat Sinks #3 and #4 have the same dimensions
except for fin height (/). Figure 5.8 depicts the experimental values of total pressure drop
for Heat Sinks #1 and #2, and Figure 5.9 demonstrates the experimental values of total
pressure drop for Heat Sink #3 and #4. As shown in the figures the total pressure drop
increases with a decrease in fin height for the same volumetric flow rate. This is due to
the fact that the channel velocity increases when the fin height reduces. Thus, the total

pressure loss increases.
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Figure 5.7  Effects of fin spacing on pressure drop.
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Figure 5.8 Effects of fin height on pressure drop for Heat Sinks #1 and #2.
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5.3 Validation of the Thermal Resistance Model

3.3.1 Comparison of the Thermal Resistance Model with the Experimental Data

The analytical thermal resistance model developed in Chapter 3 was evaluated by
application to four heat sinks. As was done for the pressure drop model, the experimental
results were used to compare with thermal resistance model. Please refer to Table 4.1 for

the geometry of the four heat sinks tested.

Figure 5.10 shows the measured and predicted thermal resistance of Heat Sink #1 for
different impingement inlet widths. The test data errors between the measured and
analytical values are summarized in Table 5.7. The model under predicts measured

thermal resistance. The under predictions increase gradually with increasing flow rate.

Figure 5.11 illustrates the measured and predicted thermal resistance of Heat Sink #2 for
various impingement inlet widths. The test data errors are presented in Table 5.8. The test
data are higher than the predicted values. The differences between predictions and test

results increase further with increasing flow rate.

Figure 5.12 demonstrates the measured and predicted thermal resistance of Heat Sink #3

for different impingement inlet widths. The test data errors are summarized in Table 5.9.
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The model under predicts measured thermal resistance. The data are increasingly under

predicted with increasing flow rate.

Figure 5.13 compares the measured and predicted thermal resistance of Heat Sink #4 for
different impingement inlet widths. The test data errors are presented in Table 5.10. The
test data are higher than the predicted values. The differences between predictions and

test results increase gradually with increasing flow rate.
The thermal test had a small air leakage at the end of the impingement inlet. The average

air velocity in the channel will decrease if the leakage is considered and the thermal

resistance data will show a slightly better match with predictions.
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Table 5.7 The thermal resistance test errors of Heat Sink #1.

s 10% L 25% L 50% L 75% L 100% L
error 3.1-10.7% | 0.2-86% | 3.7-14.0% | 59-8.1% | 9.3-18.6%
RMS 8.0% 59% 8.9% 7.1% 14.1%

Table 5.8 The thermal resistance test errors of Heat Sink #2.

s 10% L 25% L 50% L 75% L 100% L
error 33-172% | 0.5-16.7% | 2.6-20.7% | 1.4-20.3% | 3.3-19.7%
RMS 10.0 % 10.6 % 12.9% 12.5% 13.7%

Table 5.9 The thermal resistance test errors of Heat Sink #3.

s 10% L 25% L 50% L 75% L 100% L
etror 7.4-14.1% | 11.6-15.1% | 11.5-18.7% | 12.7-18.8 % | 12.6-17.3%
RMS 10.4 % 13.9% 15.2% 16.1% 15.2%

Table 5.10 The thermal resistance test errors of Heat Sink #4.

s 10% L 25% L 50% L 75% L 100% L
error 1.8-92% | 0.7-12.7% | 0.6-159% | 3.6-16.1 % | 4.8-15.9%
RMS 51% 74 % 9.5% 10.1% 10.0%
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Figure 5.11 Thermal resistance comparison for Heat Sink #2.
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5.3.2 Comparison of the Model with Other Test Data

Figure 5.14 shows the comparison between the Saini and Webb (2002) experimental data
and the analytical model predictions of total thermal resistance. The details of the heat
sink used for the test are summarized in Table 5.5. The test data errors are within 5.1% to
23.2 % with an RMS error of 12.8 %. The experimental data are higher than the
predictions at lower flow rate and lower than the predictions at higher flow rate. The over

prediction increases with the increasing flow rate.

Figure 5.15 shows the comparison between the Holahan (1996) experimental data and the
predictions of total thermal resistance. The geometry of the heat sink used for the test is
summarized in Table 5.6. The test data errors are within 0.3 to 4.6 % with an RMS errors
of 3.5 %. The experimental data are only a little higher than the predictions, and the

experimental data and predictions are in excellent agreement.
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Figure 5.14 Thermal resistance comparison for Saini and Webb (2002) test data.
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Thé accuracy of the predictions of thermal resistance was investigated by comparing
them with the experimentél measurements. Although the thermal resistance prediction
algorithm is based on a very simple model, it succeeds in representing the trends of the
experimental values fairly well. The test data and predictions are, therefore, in very good
agreement after accounting for the combined uncertainties of the predictions and
experiments. The agreenient is quite satisfying in view of the simplicity of the model.

Given the uncertainties of thermal resistance measurements, the model is reasonably well

validated.

It is noted that fan mounted heat sinks used in electronics cooling typically operate with a
Reynolds number between 300 - 1000. Despite the fact that the prediction algorithm for
thermal resistance used in this thesis is based on an extremely simple model, it was found
that the predicted thermal resistance agrees with experimental values within about +20%

and 11.1% RMS for all data in the typical operating range.

The calculated value of fin efficiency was almost constant for the present study;
therefore, fin efficiency did not pose a problem in this study. The fin efficiency varies
from a high value of 0.97 at low channel velocity (V) to a moderate value of 0.93 at

highest channel velocity.
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5.3.3 Effects of Impingement Inlet Width

The effects of impingement inlet width on thermal resistance are shown in Figures 5.10-
5.13. From these figures it can be seen that, for the same flow rate, the total thermal
resistance decreases when the impingement inlet width becomes smaller. This is due to
the high impingement channel velocity, which makes the impingement heat transfer
coefficient large in the case of small inlet widths. As the heat transfer coefficient

increases, however, the total pressure drop also increases, as discussed in section 5.2.3.

5.3.4 Effects of Fin Spacing

The effects of fin spacing on thermal resistance are illustrated by the results for Heat Sink
#2 and Heat Sink #4, which have the same dimensions except for fin spacing (b). Figure
5.16 shows the behaviour of the thermal resistance with changes in the spacing between
fins. Both the predicted and the experimental values increase with an increase in fin
spacing for the same volumetric flow rate. This is due to the fact that channel velocity
decreases when the fin spacing increases. Thus, the impingement heat transfer coefficient

decreases and thermal resistance increases.

When the fins are closely spaced, the surface area of the heat sink increases, the
contraction pressure loss at the impingement inlet and the expansion pressure loss at

outlet of the heat sink increase, and this effect dominates. When the fin spacing becomes
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larger, although the pressure drop decreases, the surface area of the heat sink also
decreases and this makes the rate of heat transfer lower. Furthermore, the pressure drop
increases remarkably and volumetric flow rate decreases as the spacing between the fins

becomes smaller, if the performance of the cooling fan is taken into account.

As the air is supplied by a cooling fan, the balance between thermal resistance and
pressure drop is very important. It is necessary to minimize the thermal resistance, while

the pressure drop is maintained at a reasonable level.

5.3.5 Effects of Fin Height

The effects of fin height on thermal resistance are illustrated by comparison of the results
for Heat Sinks #1 and #2, and Heat Sinks #3 and #4. Heat Sinks #1 and #2 have the same
dimensions except for fin height (H). Heat Sinks #3 and #4 have the same dimensions
except for fin height (H). Figure 5.17 depicts the experimental values of thermal
resistance for Heat Sinks #1 and #2, and Figure 5.18 demonstrates the experimental
values of thermal resistance for Heat Sink #3 and #4. As shown in the figures the thermal
resistance increase with an increase in fin height for the same volumetric flow rate. This
is due to the fact that the channel velocity decreases when the fin height increases. Thus,

the impingement heat transfer coefficient decreases and thermal resistance increases.
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Figure 5.16 Effects of fin spacing on thermal resistance.
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5.4 Thermal Resistance Analysis

The thermal resistances for heat flow from the electronic module surface to ambient are
shown in Figure 5.19. Each of the thermal resistances will be examined to find how to
effectively reduce the total thermal resistance. The thermal resistances from the electronic

module surface to ambient are described below:

Air flow

| ? N
[ N Heat sink base Ap
Electronic Module ™A

Rbal’ €

[OEAVAVS \———T

Rﬁns RbﬂSC RS])
Tamb o AAA— L 0 AAAO-AAAD T
Rfad
0NN

Figure 5.19 Thermal resistance network used to analyze.
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Ryt The spreading resistance is calculated using the Eq. (3.41) suggested by
Yovanovich, Muzychka and Culham (1999). The values obtained for Ry, are from 0.0120
K/W to 0.0129 K/W. The spreading resistance accounts for 2% and 5% of the total

thermal resistance at low and high flow rates, respectively.

Ry The heat sink base is a 12.7 mm thick piece of aluminum, to which the fins are
attached. A thermal conductivity of 200 W/mK is assumed for aluminum to calculate

Riase. The conduction thermal resistance amounts for 1% to 2% of the total thermal

resistance,

Ryt Ry is an effective resistance that accounts for heat flow paths by conduction,
convection and radiation in the fins, and by convection and radiation from the exposed

portion area of the base. The effective resistance is taken from results in Section 3.3:

1 1 1 1
=t (5-1)
Rejf Rbare R fins R

rad
The effective thermal resistance accounts for 97% of the total thermal resistance at low

flow rates and 93% of the total thermal resistance at high flow rates. It, therefore, plays a

decisive role in the thermal resistance circuit.

Rins:  The expression for Rp,, is given by Egs. (3.35-3.36). This resistance, which

depends on the fin geometry and airflow rate, is the dominant part of the heat sink airside
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thermal resistance; 1/Rj,s accounts for over 90% of 1/R.y for all four of the tested heat

sinks.

Rypare: The thermal resistance of the exposed base area, Ry, is given by Eq. (3.33). This
resistance accounts for 4%, 3.5%, 6.5% and 6% of 1/R,s for Heat Sinks #1, #2, #3 and #4,

respectively.

Rys:  The radiation thermal resistance, Rpgr, is given by Eq. (3.37). This resistance
accounts for 2%, 3%, 2.5% and 4% of 1/R.y for Heat Sinks #1, #2, #3 and #4,

respectively.

The major thermal resistance in the thermal circuit is the fin surface heat resistance. This
has lead to a need to understand the thermal and hydraulic behaviour of heat sinks.
Research on impingement plate fin heat sink modelling was pursued to obtain tools for

parametric design studies and optimization of heat sinks.

5.5 Summary

This chapter presented and discussed the experimental results of present research. The
models were found to be in agreement with the experimental results within 11.5% RMS

and +20% maximum difference for pressure drop, and 11.1% RMS and +20% maximum
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difference for thermal resistance. The experimental uncertainties were found to be

19%/0.7% in pressure drop, and 2.6% in thermal resistance.

The analytic models developed are for the low Reynolds number laminar flow and heat
transfer in the interfin channels of impingement air cooled plate fin heat sinks, since the
practical operating range of this type heat sink would be laminar flow. The analytic

models are suitable for heat sink parametric design studies and performance optimization.
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Chapter 6

Summary and Conclusions

6.1 Summary of the Present Research

This thesis investigated impingement air cooled plate fin heat sinks for a variety of
impingement inlet widths, fin spacings and fin heights. The analytic models developed
are for the low Reynolds number laminar flow and heat transfer in the interfin channels
of impingement plate fin heat sinks. The simple models are suitable for heat sink
parametric design studies. The accuracy range of the analytical models was established
by comparison with experimental measurements of four actual heat sinks and other

obtainable experimental data.

The analytical pressure drop model prediction was within +20% of experimentally
measured values over a Reynolds number range 300<Re<1200. At higher flow rates, the

analytical model appears to underpredict the pressure drop.

The analytically predicted overall thermal resistance for an impinging flow heat sink was
found to be within +£20% of experimental values for the range 300<Re<1200. In general,
he thermal resistance model tends to underpredict. The thermal resistance model includes

the spreading resistance for a smaller module attached to a larger heat sink.
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The pressure drop and thermal resistance models are implemented for laminar flow, since
the expected practical operating range of this type of high performance heat sink would
typically produce flows in the range of Re <1200. The models can be used as an

estimation of pressure drop and thermal resistance for transition and turbulent flow.

Heat sink hydraulic load affects the flow rate and noise output of the fan used to cool it,
therefore, heat sink design is crucial to control computer system pressure drop, thermal
resistance and acoustical noise level. Fin designs should produce high heat conductance,

while the pressure drop is maintained at a reasonable level.

Pressure drop increases with a decrease in impingement inlet width for the same flow
rate. When the impingement inlet width goes beyond 25% of heat sink length, changes in
pressure drop are relatively insignificant. Thermal resistance decreases when the
impingement inlet width becomes smaller for the same flow rate. There exists an

optimum impingement inlet width for system operation.

Pressure drop increases significantly with a decrease in fin spacing for the same
volumetric flow rate. Thermal resistance increases significantly with an increase in fin
spacing for the same volumetric flow rate. Both pressure drop and thermal resistance are
very sensitive to changes in fin spacing. There exists an optimum fin spacing for system

operation.
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Increasing fin height decreases the heat sink pressure drop for the same flow rate.
Increasing fin height increases slightly the heat sink thermal resistance for the same flow

rate. There also exists an optimum fin height for system operation.

Heat transfer, pressure drop, pumping power, and noise level are usually of interest to

find an optimum system operating point.
The fin efficiencies were almost the same for the heat sinks tested, therefore, fin
efficiency did not pose a problem in the present study. The fin efficiency varies from a

high value of 0.97 at low channel velocity (V.n2) to a moderate value of 0.93 at the

highest channel velocity.

6.2 Future Research

The accuracy of the impingement air cooled heat sink thermal resistance model could be

improved by using experimental data to develop a correlation for channel Nusselt

number:

Nu= f(L,H,D,,Re,s)
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Furthermore, these analytical models will be used for fin geometry optimization of plate
fin heat sinks for arbitrary conditions such as specification of cooling fan and available

cooling space, using thermal resistance as the objective function.
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Appendix A

Experimental Data

A.1 Heat Sink #1

Table A.1.1 Experimental data for Heat Sink #1 (s=10%L).

Channel Velocity Pressure Drop Thermal Resistance
Vro (o0ls) AP (P2) R (K/W)
1.440 10.17 0.3474
1.772 14.44 0.3108
2.059 19.61 0.2877
2.924 36.82 0.2362
3.303 46.46 0.2222
3.795 60.18 0.2118

Table A.1.2 Experimental data for Heat Sink #1 (s=25%L).

Channel Velocity Pressure Drop Thermal Resistance
Venz (m/s) AP (Pa) R (K/W)
1.425 5.60 0.3516
1.832 7.49 0.3102
2.320 11.14 0.2665
2.799 14.99 0.2416
3.370 21.23 0.2233
3.863 27.63 0.2155




Table A.1.3 Experimental data for Heat Sink #1 (s=50%L).

Channel Velocity Pressure Drop Thermal Resistance
Verz (m/s) AP (Pa) R (K/W)
1.383 4.81 0.3646
1.754 6.27 0.3238
2.317 10.26 0.2820
2717 13.89 0.2620
3.287 18.82 0.2443
3.968 26.78 0.2355

Table A.1.4 Experimental data for Heat Sink #1 (s=75%L).

Channel Velocity Pressure Drop Thermal Resistance
Venz (m/s) AP (Pa) R (K/W)
1.384 4.19 0.3895
1.818 5.45 0.3348
2.130 7.51 0.3133
2.662 10.58 0.2826
3.536 17.70 0.2538
4.125 24.38 0.2429

Table A.1.5 Experimental data for Heat Sink #1 (s=100%L).

Channel Velocity Pressure Drop Thermal Resistance

Venz (/s) AP (Pa) R (K/W)
1.419 3.51 0.4668
1.861 413 0.4092
2.315 5.81 0.3515
2.821 9.10 0.3097
3.255 11.66 0.2851
3.992 17.68 0.2730
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A.2 Heat Sink #2

Table A.2.1 Experimental data for Heat Sink #2 (s=10%L).

Channel Velocity Pressure Drop Thermal Resistance
Venz (m/s) AP (Pa) R (K/W)
0.746 7.42 0.4060
0.947 10.95 0.3724
1.256 17.68 0.3198
1.552 28.25 0.2896
1.782 37.70 0.2793
2.069 50.57 0.2712

Table A.2.2 Experimental data for Heat Sink #2 (s=25%L).

Channel Velocity Pressure Drop Thermal Resistance

Vena (m/s) AP (Pa) R K/W)
0.730 2.92 0.4110
0.937 3.95 0.3740
1.184 5.67 0.3350
1.510 8.80 0.3051
1.791 11.62 0.2909
2.046 15.40 0.2784

Table A.2.3 Experimental data for Heat Sink #2 (s=50%L).

Channel Velocity Pressure Drop Thermal Resistance

Verz (m/s) AP (Pa) R (K/W)
0.778 2.21 0.4228
0.940 2.95 0.3927
1.280 4.64 0.3411
1.501 5.97 0.3243
1.698 7.56 0.3105
2.048 11.04 0.3021
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Table A.2.4 Experimental data for Heat Sink #2 (s=75%L).

Channel Velocity Pressure Drop Thermal Resistance

Venz (m/s) AP (Pa) R (K/W)
0.784 1.96 0.4444
0.925 2.61 0.4142
1.196 3.55 0.3671
1.528 5.60 0.3320
1.799 7.72 0.3196
2.116 10.26 0.3114

Table A.2.5 Experimental data for Heat Sink #2 (s=100%L).

Channel Velocity Pressure Drop Thermal Resistance
Vens (m/s) AP (Pa) R (K/W)
0.749 1.73 0.5119
0.915 2.38 0.4758
1.209 2.96 0.4063
1.521 4.65 0.3638
1.847 6.10 0.3444
2.137 8.06 0.3409
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A.3 Heat Sink #3

Table A.3.1 Experimental data for Heat Sink #3(s=10%L).

Channel Velocity Pressure Drop Thermal Resistance
Venz (/) AP (Pa) R (K/W)
0.941 4.40 0.5165
1.143 6.39 0.4769
1.473 10.51 0.4123
1.758 13.56 0.3799
2.079 19.45 0.3639
2.560 29.85 0.3547

Table A.3.2 Experimental data for Heat Sink #3 (s=25%L).

Channel Velocity Pressure Drop Thermal Resistance
Venz (m/s) AP (Pa) R (K/W)
0.964 2.50 0.5465
1.149 3.1 0.5055
1.554 4.39 0.4343
1.899 6.10 0.3946
2.295 8.31 0.3740
2.697 10.79 0.3603

Table A.3.3 Experimental data for Heat Sink #3 (s=50%.L).

Channel Velocity Pressure Drop Thermal Resistance
Venz (0/s) AP (Pa) R (K/W)
0.940 1.66 0.5773
1.140 2.10 0.5235
1.489 3.49 0.4515
1.822 4.74 0.4236
2.206 6.44 0.4110
2.570 8.70 0.3994
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Table A.3.4 Experimental data for Heat Sink #3 (s=75%L).

Channel Velocity Pressure Drop Thermal Resistance
Venz (m/s) AP (Pa) R (K/W)
0.962 1.5 0.6022
1.157 1.98 0.5488
1.511 2.76 0.4753
1.848 4.06 0.4459
2.250 5.38 0.4332
2.448 6.33 0.4257

Table A.3.5 Experimental data for Heat Sink #3 (s=100%L).

Channel Velocity Pressure Drop Thermal Resistance
Ve (m/s) AP (Pa) R (K/W)
0.947 1.39 0.6493
1.177 1.51 0.5906
1.544 2.28 0.5127
1.839 3.29 0.4696
2.217 4.65 0.4558
2.561 6.09 0.4405
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A.4 Heat Sink #4

Table A.4.1 Experimental data for Heat Sink #4 (s=10%L).

Channel Velocity Pressure Drop Thermal Resistance

Venz (m0/s) AP (Pa) R (K/W)
0.639 4.49 0.56222
0.797 6.84 0.4837
0.995 10.18 0.4283
1.283 16.65 0.3851
1.440 20.97 0.3725
1.645 28.47 0.3643

Table A.4.2 Experimental data for Heat Sink #4 (s=25%L).

Channel Velocity Pressure Drop Thermal Resistance

Venz (1/s) AP (Pa) R (K/W)
0.639 1.45 0.5544
0.769 1.85 0.5235
1.076 3.14 0.4474
1.251 3.98 0.4105
1.512 5.52 0.3887
1.727 6.97 0.3801

Table A.4.3 Experimental data for Heat Sink #4 (s=50%L).

Channel Velocity Pressure Drop Thermal Resistance
Venz (m/s) AP (Pa) R (K/W)
0.621 1.35 0.5718
0.768 1.61 0.5373
1.051 2.49 0.4629
1.247 3.21 0.4333
1.493 4.15 0.4193
1.742 4.99 0.4107
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Table A.4.4 Experimental data for Heat Sink #4 (s=75%L).

Channel Velocity Pressure Drop Thermal Resistance
Venz (m/s) AP (Pa) R (K/W)
0.650 1.30 0.5899
0.793 1.46 0.5519
1.041 1.75 0.4852
1.263 2.56 0.4516
1.565 3.88 0.4378
1.752 4.69 0.4315

Table A.4.5 Experimental data for Heat Sink #4 (s=100%L).

Channel Velocity Pressure Drop Thermal Resistance
Venz (m/s) AP (Pa) R (K/'W)
0.634 1.28 0.6244
0.784 1.36 0.5785
1.094 1.65 0.4915
1.293 2.31 0.4755
1.513 3.20 0.4637
1.717 4.21 0.4570
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Appendix B

Zonal Model

Thermal Resistance Correlations.
R = (T, — To)IW = 1/(A; hy). :
© Ay = Ay Az 4+ Ay + Ay + Ay + As + Ag (subscripts
indicate areas in Fig. 1)
o Ay =Neotyet
o A= 2-(N,— 1)-H;~t
* Ay =(N,—-1)-F'L
- A‘V'_' 2-(”,-— l)-H,.(L - 1)
A = 2 (Wd:B + Ny-3,- Hy)
Ag = 2-(Hy+ B)-L
As = Ny-ty-(L = 1)
=E(Ai'hl)/Al

= 'Allhl + (A + Ay —2-Hp L) hpyFryy + As+
Agpe by, + 2 HpL(hagr + hi5) X Frags + 2°B-Lehs
As-hs /A, -
»

(i = 1-6, Fig. 1)

‘Fé'.l.

++

U, = Q/60/(t- Wd)
® Ay = Aad(2-P) X [7.55 + {(0.024-Cof'™)/(1 +
0.358 - CoS% - Pr%17)}] (Re; = 3 % 10%)
® i = {Ak/(2:P)}-[1 + CI{HJ(2-P)}] X
0.022-Rel® - Pr™ (Rex > 3 x 10%)
Co, = (2+ P)+Re,-Pr/H,
Ci=2
Rey = Uy (2 P)/ vy
U= O/60/(Wdst —~ Nyotp-2)

Cehy o= {(Ad(Z-DVT{xI(2-D, (G + H)I(2-1)
-Rejs . Proa (25 x/(2:2) = 25,25 (G + H)
(2-1) & 10) :

Rey = Uy~(2- ey,
U, = Q/60/{Wd-t — (N;— 1)+ &}
= 153/ {x3/(2~ 2) + (G + Hp)/(2-¢) + 1.39}
?306? 9.695 — [xf(2:8) + {({G + B2} +
® By = {Auy/(2+1)}+0.26-Re3® (m/(2-1) < 2. (G
+ Hp)/(2-¢8) < 2)
® Bam = {Ax/(2°P)} X [7.55 + {0.024-Col™/(1 +
0.0358 - Co3* - Pr*'")}) (Res = 3 X 107)
® hys = {h/(2:P)}-[1 + CU{(LI2)/I(2-P)}] X
0.022 - Red® - Py (Re, > 3 x 10%)
® By = { N/ (20 B)) 010 (2)3 X (3 Uy~ Blug)??
Coy = (2* P)-Rey-Pr/(L/I2) -
Ci=2
Rey = Us(2- P)lvy
U, = Q/60/{2-{G-Wd + (N;y — 1)« P-H;}]
® hay = (1 — e )Ml €
® huw = (Ag* law + Ay i)/ (A2 + Ay)

€ = (Az + Ay) " hyul (pas* Cp - 2/60)
® fy = hep + Rsny
® hyo = {Nuf (H, + B)}-(4/3) Cs-Ra'"*
® he,=e-0-§(273 + T,) + (273 + T.)}-{(273 + T,)?
+ (273 + T.)*}
Cs = (3/4) {P/(24 + 4.9°Pr'* + 5-Pr) }
R&s = Gl's'Pl'
Grs = g-f (T, ~ Tu)*(Hy + B)vi
Tw=Te + W Ry
£ = 1/(273 + T.)
e =02
* hs = haw + Bsn
® How = (Multy)+ (4/3) Cq-Ra}™
® Ry =
Cs = Cs
Rag = Gl's'Pl'
Grs = g+ B-(Ty ~
® Fr=Thi/Ud
Th = (e¥™ — e ™)/ (e + ™)
Ud = (Nl (812) ) H,
Pressore Drop Correlations.
AP = = APi (i = A-E, Fig. 1).

i
® AP, = pc U3I2-(1 + L)
Uy = @/(60- Wd-1)
£ =05 ‘

o APy = {pa/(G + Hp)}-[(UM2)-(8/2){(Kcg + 1 —
O1) + fald~ AplAcy) + (1/2)- {((Uy + UDN2}2-Hr- £ +
Uc? H {1 — (2= H)1}]

Uy = Q/(60-Acy) =
Rey = Up(2°- P)/ vy
Ay =2-Hy Nyt
Acy = (Wd — Ny 4;)+ t
P=(Wd— t;)I(N,~1)— &
oy = (Wd — Ny-4,)/ Wd
Kecy =04-(1 — o) + Ba
04 (Rep <2 % 10%)

0.1 (2 % 10% = Rep < 1 % 109
0.06 (1 x 10* = Rep < 2 X 10%)

0 (Reg = 2 X 10%)
{%/Re, (Res S 2 X 10%)
=

0.3164/Re}* (Rey > 2 X 10%)

Tw): 3 /v,

® APc = pu-Upl2-{HJ(Hy + G)} X fol4- AclAce
U. = Q/{60-2+ Hy-(Wd — Ny )]
Rec = Ug-4-Hy-PI(2- Hy + P)/va
Ac=(L—1)+(N,— 1)-(H, + P)
Acc = (N; = 1)- H;*P
96/Req (Rec = 2 x 10Y)

= 0.3164/Rel* (Rec > 2 x 10%)

s APp = —pu- U2 {HS(H, + G)} X (1 ~ 0} — Kep)
Up = Ue ‘
Rﬁn = Rﬂc
Op =A!.‘c/(17’_f'Wd)
Kep = (1 — 0p)* — Bp*op
04 (Rep <2 Xx10%)

0.1 (2Xx10*= Rep <1 X 104
006 (1 X 10* = Rep < 2 X 10*)

0 (Rep = 2 X 10%)
e AP = —pu*Up1*(Uso — Ugy)
Ug-o = Q/(60-2- Wd- H;)
Uss = 01{60:2- Wd-(G + Hy + B + Bo)}

fe

ﬂp =
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